


Laboratory Capacity Modulation 
Experiments, Analyses, and Validation* 

W. A. Miller 
Oak Ridge National Laboratory 

Oak Ridge, TN 37831 

Abstract Summary of Work 

A combined experimental and analytical pro- 
ject was conducted on a breadboarded continu- 
ous ly variable speed air-to-air heat P*P 
(CVSHP). The split-system residential unit of 
nominal 2 3/4-ton (9.7.kW) cooling capacity was 
instrumented and tested in environmental cham- 
bers. The steady-state, frosting/demand defros- 
ting, and cycling efficiency characteristics of 
the CVSHP with first generation components 
(e.g., heat exchangers, compressor, and indoor 
blower, both having variable speed induction 
motors) were measured in the laboratory for 
compressor drive frequencies ranging from 15 
through 90 Hz. Steady-state efficiency data 
were used to validate an initial version of the 
Oak Ridge National Laboratory steady-state modu- 
lating heat pump design program. Algorithms were 
developed from reduced dynamic loss data from 
which calculations were made of the seasonal 
losses for the test CVSHP. 

A continuously variable speed, air-to-air 
split-system residential heat pump of nominal 
2 3/4-ton (9.7-kW) cooling capacity was instru- 
mented with temperature and pressure sensors, 
with locations displayed in Fig. 1. Testing was 
conducted in environmental chambers, which were 
capable of controlling indoor and outdoor 
ambient dry bulb and dew point temperatures. A 
host computer and data acquisition system were 
used to monitor all temperatures, pressures, 
powers, and flows. Salient features of both the 
breadboard CVSHP and the test stand are dis- 
cussed in previous work by Mil1er.l 

Introduction 

A planned series of experiments were con- 
ducted to characterize the efficiency and effi- 
ciency trends of a continuously variable speed 
heat pump (CVSHP). The primary objectives of 
this study were to determine the efficiency of a 
CVSHP at different speeds and ambients, to iden- 
tify the effect of dynamic losses, to develop 
control strategies to reduce the dynamic losses, 
and to perform seasonal analyses to assess the 
benefits of the CVSHP technology as applied to 
the particular system tested. Steady-state test 
data were also used to validate the Oak Ridge 
National Laboratory (ORNL) modulating heat pump 
computer code. 

A series of tests were conducted on the 
test CVSHP in the laboratory to demonstrate 
optimal refrigerant flow and airflow control for 
best coefficient of performance (COP) as con- 
strained by comfort. The capillary tubes orig- 
inally supplied with the test unit were replaced 
with variable area, hand-controlled valves 
(Fig. 1) to improve control of refrigerant flow 
during testing. As seen in Fig. 1, the compres- 
sor was driven by a motor-generator (M-G) set 
(i.e., ideal induction motor drive), and the 
indoor blower was driven by a first generation 
inverter drive, which was originally supplied 
with the test unit. 

Calorimeter testing of advanced variable 
speed compressors and testing of state-of-the- 
art CVSHPs is planned. 

The optimal flow control experiments were 
conducted in the heating mode at outdoor ambient 
temperatures of 40 and 10°F (4.4 and -12.2"C) 
and in the cooling mode at outdoor ambient tem- 

peratures of 95 and 82°F (35 and 27.2"C). Test 
parameters were compressor speed, indoor blower 
speed, and refrigerant subcooling at the 
condenser exit. A range of condenser exit sub- 
toolings (controlled by the variable area 
throttling valve) and indoor airflows for 
compressor drive frequencies ranging from 15 to 
90 Hz were tested to observe their effect on 
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Fig. 1. Schematic and sensor 
variable speed heat pump (CVSHP). 

COP, capacity, and component efficiencies. From 
these tests, an optimal ratio of compressor 
motor speed to indoor blower speed and the 
optimal level of subcooling at condenser exit as 
a function of compressor speed were identified 
in the laboratory. 

The data from the optimal flow control 
study and the calorimetry data, obtained from a 
compressor manufacturer on an identical recipro- 
cating compressor as tested in the laboratory 
CVSHP, were both used to validate the initial 
version of the ORNL steady state modulating heat 
pump design model (MHPDM).* 

The operating efficiencies of the first 
generation variable speed hermetic reciprocating 
compressor and indoor centrifugal blower, both 
having induction motors, were characterized 
while operating under optimal flow control con- 
ditions as determined from the experiments dis- 
cussed above. The indoor blower was tested 
using a six-step voltage source inverter (VSI) 
designed in the late 1970s and also using an M-G 
set (ideal induction motor drive) for a motor 
drive frequency range of 20 to 60 Hz. The 
reciprocating compressor was driven in separate 

HEAT P”MP OUTDOOR SECTlON 

.ocations for the tested continuously 

tests by a VSI,a a pulse-wrdth modulated invert- 
er (PmI),b and the M-G set to observe the 
effect of each adjustable-speed drive on the 
efficiency of the compressor for drive frequen- 
cies ranging from 15 to 90 Hz. 

Follow-up laboratory work was conducted on 
the optimally controlled system to measure the 
COP and system capacity during frosting/demand 
defrosting tests and during both heating and 
cooling mode cycling tests. Frosting/demand 
defrosting tests were conducted for a range of 
compressor speeds, outdoor air temperatures, and 
relative humidities. Cycling tests were conduct- 
ed for a range of compressor speeds and outdoor 
temperatures. Cycling rate was set at 12 min on 
and 48 min off as suggested by some heat pump 
manufacturers. 3 The dynamic loss testing was 

a Commercially available in 1979 and supplied 
with the test unit. 

b International product commercially available 
in 1983 and designed to have diminished 
harmonics and torque pulsation effects as 
compared with earlier design PWMI drives. 
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conducted while the CVSHP operated under pre- 
viously determined optimal refrigerant flow and 
airflow control settings. Previous studies by 
Tanaka et a1.4 and by Miller,5 dealing with 
cycling dynamics, and by Kuwahara et a1.,6 
dealing with defrosting efficiency, and by 
Glamm,7 dealing with dynamic control, were 
gleaned for techniques to minimize the dynamic 
losses of the test CVSHP. A best dynamic control 
strategy for the test system was developed in 
the laboratory and dynamic loss algorithms were 
developed from the data. Seasonal analysis simu- 
lations were then made using a binned seasonal 
performance computer code developed by Rice et 
al. 8 to estimate the energy savings directly 
attributable to (1) the reduction of dynamic 
losses for single-speed heat pumps (SSHPs), and 
(2) the efficiency improvement due to compressor 
and indoor blower speed modulation. 

Technical Accomplishments 

CVSHP Optimal Flow Control - Laboratory 
Demonstration 

Optimal levels of refrigerant subcooling at 
the condenser exit were identified at discrete 
compressor speeds during heating and cooling 
mode laboratory tests. Refrigerant-side COP 
measurements observed in the heating mode at 
40°F (4.4"C) outdoor temperature and in the 
cooling mode at 82°F (27.7"C) outdoor tempera- 
ture are plotted in Figs. 2 and 3, respectively. 
Various families of refrigerant subcooling (at 
the condenser exit) per compressor speed tested 
are displayed as functions of indoor blower 
speed. The dashed curves in Figs. 2 and 3 are 
simulation results of the initial version of the 
ORNL steady state MHPDM. These curves are 
included for indication of model absolute and 
trend accuracy in predicting optimal COP and 
capacity performance of the test CVSHP. 

Heating mode. Refrigerant subcooling of 
5-10 F" (3-6 13") was observed to yield optimal 
or near optimal COP for compressor speeds of 30 
to 90 Hz operating in 40 and 10°F (4.4 and 
-12°C) outdoor air ambients. For these heating 
mode test results, the indoor blower (inverter 
driven) could actually be set at a constant 45- 
HZ speed with less than a 2% drop in COP 
measured at the optimum blower speed (Fig. 2). 

Best COP measurements (Fig. 2) indicate 
approximately an 8% increase in COP when the 
compressor speed is lowered from 60 to 30 Hz. 
However, when the speed is lowered from 30 to 15 

Hz, the measured COP dropped by 20%. This drop 
in COP at 15 Hz can be attributed to (1) a loss 
in heat exchanger efficiency and (2) a drop in 

WITH OPTIMAL CONTROL, EFFICIENCY INCREASES 
DOWN TO 30-Hz COMPRESSOR SPEED 
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Fig. 2. Measured and predicted heating mode 
COP for the variable speed heat pump operating at 
40°F (4.4"C) outdoor air temperature. 

the isentropic efficiencyC of the compressor, as 
explained in previous work by Miller.9 It should 
be noted that testing at 55°F (12.7"C) outdoor 
temperature (not shown in Fig. 2) did not show a 
drop in COP, as compressor speed was reduced 
from 30- to 15-Hz compressor drive frequency. 
The refrigerant mass flow rate was greater at 
55°F (12.7'C) outdoor temperature than at 40°F 
(4.4"C), and the pressure ratio across the 
compressor was reduced. Therefore both compres 
sor and heat exchanger efficiencies were impro- 
ved, resulting in improvement of COP trends as 
speed decreased at the 55°F (12.7"C) outdoor 
ambient. 

c Compressor isentropic efficiency is defined 
here as the ratio of isentropic compressor 
work (computed across the shell) to the 
measured power input. 
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OPTIMAL LEVEL OF REFRIGERANT SUBCOOLING DECREASES 
WITH REDUCTION IN COMPRESSOR SPEED 

l Cooling mode steady-state tests 
l AR1 ambient air test conditions 

- Outdoor air temperature 829 
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Fig. 3. Cooling mode COP measurements and 
predictions made at 82°F (27.7"C) outdoor air 
temperature. 

Cooling mode. Best COPS in cooling mode 
required a greater change in blower speed and 
refrigerant subcooling with change in compres- 
sor speed. The indoor blower speed varied from 
45 Hz at a compressor drive frequency of 60 to 
16.7 Hz at compressor drive frequency of 15 Hz, 
as indicated in Fig. 3. Refrigerant subcooling 
for optimal COP at 60-Hz compressor speed and 82 
and 95°F (27.7 and 35°C) outdoor air temperature 
was 20 F" (11 C"), while at 45- through 15-Hz 
compressor speed, optimal subcooling varied from 
20 to 2.5 F" (11 to 1.4 CO). 

Reducing the compressor drive frequency 
from 60 to 30 to 15 Hz at the 82°F (27.7"C) out- 
door ambientd resulted in an improvement in COP 

d Near the expected minimum speed balance e Near the expected minimum speed balance 
point in cooling mode. point in the hating mode. 

(Fig. 3), a trend not previously observed in 
heating mode testing at 40°F (4.4"C).e At 15-Hz 

compressor drive frequency, the cooling mode 
refrigerant mass flowrate, measured at 82°F 
(27.7"C), was double the heating mode mass 
flowrate, measured at 40°F (4.4"C), because of 
the higher operating evaporator temperature. 
Thus, apparently there was no reduction in 
refrigerant-side heat flux in cooling mode as 
compared to heating mode, when operating at 15- 
Hz compressor drive frequency. 

CVSHP Optimal Flow Control - Model Validation 

The initial version of the MHPDM, based on 
the single-speed model developed by Rice and 
Fischer,lO was validated against optimal flow 
control test data of the CVSHP. The model 
matched the measured trends of COP and capacity 
very well, slightly underpredicting heating COP 
and capacity and overpredicting cooling COP and 
capacity (COP predictions illustrated in Figs. 2 
and 3). Prediction agreement was best at low- 
speed conditions for both heating and cooling. 
The poorest agreement occurred at the 95°F 
(35°C) nominal speed (60 Hz) rating condition 
where predictions were 10% greater than measured 
data. The overprediction in cooling at higher 
speeds was due to the inaccuracy of the simpli- 
fied heat exchanger submodels when simulating 
complex circuitry under high levels of refrig- 
erant subcooling at condenser exit. The valida- 
tion results indicated that the model was well 
suited for use in evaluating design and opera- 
ting options, provided that the heat exchangers 
were efficiently circuited and operated with low 
to moderate [<20 F" (11 CO)] condenser subcool- 
ing and low evaporator superheat. Outside these 
situations, the use of tube-by-tube heat 
exchanger models may be required. 

Demonstrated Refrigerant Charge Variation for 
CVSHP 

Testing was conducted to determine the 
optimal refrigerant charge required for both low 
superheat at the inlet to the compressor and 
optimal level of refrigerant subcooling at con- 
denser exit. Results displayed in Fig. 4 indi- 
cated optimal refrigerant charges varied by 
roughly 1.5 lbs (0.6 kg) over the range of 
compressor speeds tested in cooling and heating 
modes, except for heating mode operation at 15- 
HZ compressor speed. Here 11.5 lb (5.2 kg) of 
refrigerant was required to duplicate optimal 
system efficiency, 2.5 lb (1.1 kg) more refrig- 
erant than required in cooling mode operation. 
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OPTIMAL REFRIGERANT CHARGE INCREASES 
SIGNIFICANTLY ONLY AT 15-Hz HEATING 

l Manufacturer’s nameplate charge 7.5 lb 

COOLING MODE 

cxNL.LwG 88’ 11870 
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Fig. 4. Optimal refrigerant charge required for both low superheat at 
the inlet of the compressor and optimal level of refrigerant subcooling at 
the condenser exit. 

This difference occurred because of the low 
refrigerant velocity in heating versus cooling 
mode (implied from mass flowrate comparison), 
which resulted in a less efficient condenser 
heat transfer in heating mode, as discussed by 
Miller.g 

Proved CVSHP Would Maintain Comfort 

Laboratory work demonstrated that the CVSHP 
would maintain comfort at least as well as a 
single-speed heat pump under most conditions. 
Comparison of the CVSHP performance, having 
optimal airflow and refrigerant flow control 
settings, to a manufacturer's data for a 
single-speed heat pump (SSHP) indicated that the 
CVSHP satisfied both heating and cooling comfort 
requirements, while better following house load 
through capacity modulation. 

Heating comfort. Capacity and delivery air 
temperature for an SSHP are listed in Table 1, 
with similar data for the optimal COP operating 
points of the CVSHP. Comfort is maintained with 
the CVSHP operating at 30-Hz compressor speed, 
and the part-load capacity would better match 
house load as compared with a single-speed unit. 
At the lower temperature of 10°F (-12°C) and 
90-Hz compressor speed, the CVSHP had a measured 

TABLE 1 
Capacity and supply air temperature for 

o einglo-spood heat pump and 
the continuously vatlable speed heat pump 

Outdoor 
temperature 

(“F) 
Heat pump 

typs 

Compressor 
Capacity Supply air speed 
(kBtu/h) (OF) (Hz) 

40 Single speed’ 32.1 94.8 60 

Variable speed 31.2 98.5 60 
17.0 92.4 30 
11.5 85.7 20 
8.5 81.6 15 

10 Single speed 16.1 82.4 60 

Variable speed 22.6 92.8 90 
17.3 86.7 60 

‘Manufacturer’s data for a single-speed heat pump operating with a 
capillary tube flow control. 

capacity of 22.6 kBtu/h (6.6 kW), while the SSHP 
had a capacity of 16.1 kBtu/h (4.7 kW). 
Delivery temperature for the CVSHP is 93°F 
(34OC) 9 while for the single-speed unit (opera- 
ting without supplemental heaters), the delivery 
temperature is only 82.4-F (28'C). By over- 
speeding the compressor, comfort is maintained 
below the balance point of the single-speed unit 
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with less added energy due to supplemental heat. 
These results indicate that the test unit, 
operating as a CVSHP with optimal blower speed 
and refrigerant subcooling satisfies comfort 
requirements as well as the single-speed unit 
does and better follows house load. 

Cooling mode. Sensible heat ratios (SHRs) 
for the optimal test operating points of the 
CVSHP are plotted in Fig. 5, with manufacturer 
single-speed data. Also a SHR boundary line is 
displayed that represents the required latent 
load simulated for an 1800-ft2 (167-ms) house in 
Knoxville, Tennessee. Optimal operating points 
tabulated and plotted in Fig. 5 indicate, in 
terms of SHR, the test heat pump to have ade- 
quate latent capacity for humidity control 
within a residence. The optimum operating points 
for the CVSHP unit have an SHR comparable to or 
lower than the single-speed unit for outdoor 
temperatures of 95 and 82°F (35 and 27.7"C). 

CONTINUOUSLY VARIABLE SPEED HEAT PUMP MAINTAINS 
GOOD HUMIDITY CONTROL 
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Fig. 5. The SHRs from manufacturer data for 
a single-speed heat pump (SSHP) compared to mea- 
sured values for the optimal operating points of 
the continuously variable speed heat pump (CVSHP). 

These results indicate that the CVSHP, having 
near equal total capacity at 60 Hz to the SSHP, 
has greater latent capacity and, thus, should 
provide a greater degree of comfort. 

Characterized Efficiency Limits of First Gener- 
ation Variable Speed Reciprocating Compressor 

Laboratory data were used to characterize 
the effect of various adjustable speed drives on 
the overall isentropic efficiency of the test 
compressor. The compressor isentropic efficiency 
was measured during both heating and cooling 
mode optimal flow control tests and is plotted 
as a function of compressor drive frequency in 
Fig. 6. The lower curves in Fig. 6 represent the 
efficiency losses of the*PWMI and the efficiency 
losses of the compressor and induction motor due 
to harmonics of the PWMI. The sum of the lower 
two curves in each cooling and heating mode plot 
therefore represents the combined compressor, 
motor, and drive efficiency losses. 

Compressor and M-G drive. The compressor 
isentropic efficiency remained fairly constant 
from 60 to about 20 Hz (i.e., one-third nominal 
speed), with the compressor driven by the M-G 
set. At 15-Hz speed, the efficiency decreased 
20% from the efficiency measured at 60 Hz. The 
rapid drop in efficiency for constant torque 
application below 20% speed was similar to 
results observed by Skogsholm,ll and was partly 
due to an increase in the relative slip. 

Compressor and PWMI drive. Efficiency 
trends with the PWMI drive were similar to those 
observed with the M-G drive; however, the losses 
in compressor isentropic efficiency due to the 
PWMI drive increased as speed decreased. In Fig. 
6, results of testing at 60-Hz drive frequency 
and 40°F (21°C) outdoor temperature indicated 
that compressor efficiency, with the PWMI drive 
efficiency included, dropped 12% from that with 
the M-G drive. Roughly half of the efficiency 
degradation was due to efficiency losses in the 
PWMI (i.e., 5% loss), and the remainder was due 
to the effect of inverter harmonics on the 
compressor and motor as depicted by the effi- 
ciency loss curves in Fig. 6. Similar results 
were also observed in the cooling mode for tests 
conducted at 82°F (28°C) outdoor temperature and 
60-Hz drive frequency. 

At 15-Hz drive frequency, the compressor 
efficiency losses due to the PWMI drive 
increased to 25% in the heating mode and to 30% 
in the cooling mode. The efficiency losses from 
only the inverter ranged from 5% at 60 Hz, near 
full-rated load, to 7.5% at 15 Hz, and therefore 
did not nearly account for the total losses as 
speed was reduced (Fig. 6). The observed 
increase in efficiency losses was a result of 
the effect of current harmonics on the induction 
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Fig. 6. Compressor isentropic efficiency and efficiency losses 
measured during steady state optimal flow control testing of the CVSHP. 

motor of the compressor. Mohan12 attributed the 
increase in induction motor losses due to 
inverter harmonics to be principally a result of 
increased stator and rotor winding losses and 
stray load losses. 

These high-frequency harmonics of the PWMI 
can lead to excessive losses by imposing a 
series of high-voltage impulses on the motor 
windings. Andreas13 stated that these high- 
frequency currents tend to be concentrated in 
areas of high flux density and to result in heat 
generation that increases motor winding tempera- 
ture, which will in turn lead to additional suc- 
tion gas superheating prior to compression. 
Jacobs14 determined experimentally that as the 
amount of superheating increases, the effective 
compressor efficiency decreases [i.e., observed 
a 2% loss in compressor performance for every 
10 F" (5.5 Co) rise in suction temperature]. 
Therefore, the harmonic content of the PWMI 
drive (a direct loss in motor efficiency) and 
the resultant additional suction gas 
superheating combine to result in the drop in 

compressor isentropic efficiency shown in Fig. 
6. 

Compressor and VSI drive. Testing with the 
VSI drive caused a noticeable drop in compressor 
isentropic efficiency similar to that of the 
PWMI drive as compressor speed was reduced. At 
60 Hz for both heating and cooling mode tests, 
the isentropic efficiency was 10% below that 
measured with the M-G drive. At 50% speed 
(i.e., 30-Hz speed) the compressor efficiency 
losses due to the VSI increased to 30% in 
heating mode and to 20% in cooling mode. Further 
lowering of the compressor speed to 15 Hz resul- 
ted in even larger efficiency losses of roughly 
35%. The increase in compressor efficiency 
losses as speed is reduced is due to the effect 
of harmonics produced by the VSI drive. The VSI 
produced fairly high third, fifth, seventh, 
eleventh, and thirteenth harmonic currents for 
all modulation frequencies. These harmonics do 
not contribute to the output torque and result 
in increased motor losses and motor temperature, 
both of which decrease the compressor isentropic 
efficiency. 
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Characterized the Magnitude of Compressor 
Efficiency Losses Resulting from First 
Generation Inverter Drives 

Compressor efficiency losses measured with 
specific models of both PWMI and VSI style 
inverters operating at nearly identical condi- 
tions are plotted in Fig. 7. It must be noted 
that this comparison should not be generalized 
due to the continuing advancement of both VSI 
and PWMI designs and the specific technologies 
of the components utilized. Also, the effect of 
harmonic currents would be different with a dif- 
ferent motor design. Mohanl* indicated that 
induction motors with high values of leakage 
reactance (i.e., leakage flux through airgap 
that leads magnetizing current by 90") will have 
less harmonic currents and lower harmonic loss- 
es. With due regard for the above c&eats, 
results in Fig. 7 show that in the cooling mode 
at near full load, the compressor efficiency 
losses due to the PWMI were similar to losses 
due to the VSI. In the heating mode, the PWMI 
caused roughly 30% less compressor efficiency 
losses for drive frequencies of 20 and 30 Hz. 
Compared with the results shown by Skogsholmll 
and Lloyd,15 both of which compared PWMI with 
VSI, the micro-processor control of the PWMI 
voltage pulse rate reduced current harmonics and 

40 

30 

l TESTED PWMI EFFICIENCY COMPARABLE TO TESTED VSI 
NOT GENERALIZED FOR ALL INVERTERS 

- ADVANCEMENT OF DESIGNS 
- MOTOR DESIGN 

ORNL-DWG 87-6496 

HEATING MODE COOLING MODE 

40 F (4°C) OUTDOOR 82 F (28°C) OUTDOOR 
AIR TEMPERATURE AIR TEMPERATURE 

- -r 

improved PWMI efficiency to levels comparable 
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1970s. The results shown here indicate the mag- 
nitude of losses to expect with these first gen- 
eration drives. Rice16 has shown that an ad- 
vanced prototype variable speed motor and inver- 
ter drive (i.e., permanent magnet electronically 
commutated motor) would have a combined effi- 
ciency even higher than that of an induction 
motor with ideal induction motor drive (M-G 
set). 

Characterized Efficiency Limits of First 
Generation Variable Speed Indoor Blower 

Measured efficiency of the combined blower 
and blower motor when driven by the M-G drive 
with optimal voltage control was compared with 
measured efficiencies when the blower was driven 
by the VSI. The blower and drive system (motor 
and inverter) efficiency trends for the VSI 
drive and for an assumed 100% efficient VSI 
drive were calculated using measured single- 
phase input and and three-phase output power, 
respectively (Fig. 8). The combined blower and 
blower motor efficiency for the 100% efficient 
VSI was only 5% less than that measured with the 
blower driven by the M-G set with optimal volt- 
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losses for first generation inverter drives. 
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MOTOR EFFICIENCY 
OPTIMUM-SPEED CONTROL 
FOR BLOWER DRIVEN BY M-G DRIVE ORNL-DWG 8,-643,R 
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’ OPTIMUM BLOWER 
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- 
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INDOOR SLOWER MOTOR SPEED RATIO (Hz) 

Fig. 8. Combined blower and blower motor 
efficiencies observed for VSI drive and M-G 
drive, both having optimal voltage control. 

that the choppy waveform of the VSI had little 
effect on blower motor efficiency because the 
power measurement included inverter harmonics. 

Similar trends for another VSI-inverter- 
driven and sine-wave-driven induction motor were 
observed by a motor/control manufacturer as 
reported by Rice.16 In the data shown by Rice,16 
the efficiency of a three-phase, l/3-hp (0.25. 
kW) induction motor (driven by M-G) dropped from 
75% at full speed (1075 rpm) to 40% at one-third 
of full speed (400 rpm). The drop in motor effi- 
ciency was caused by the fixed losses of the 
stator core becoming a larger percentage of the 
total losses at reduced power output (i.e., 
power reduces roughly by the cube of the speed). 
Motor slip has little effect on efficiency as 
speed drops, because the torque drops as the 
speed squared and therefore the relative slip 
does not increase as in a constant torque appli- 
cation. 

The combined blower and VSI drive system 
efficiency dropped sharply compared with effi- 
ciency observed for the M-G driven motor with 
optimal voltage control. At 60-Hz drive fre- 
w-v, the VSI was measured to be 85% effi- 
cient. The VSI inefficiency and WI harmonics 

caused the efficiency at 60 Hz to be 16% less 
than that measured with the blower driven by the 
optimally controlled M-G set. Decreasing the 
blower speed to 20 Hz caused these losses to 
increase (Fig. 8) resulting in roughly a 77% 
drop in combined blower and blower motor effi- 
ciency compared with that of the M-G set. 

Characterized the Frosting Dynamics of the CVSHP 

Tests conducted at 35, 25, and 17°F (1.7, 
-3.9, and -8.3-c) outdoor temperature and 80% 
relative humidity revealed slight degradation in 
COP and heating capacity due to frosting of the 
outdoor coil. The density of refrigerant enter- 
ing the compressor remained fairly constant over 
time for each test; as a result the evaporator 
capacity did not drop appreciably. The near con- 
stant refrigerant density caused the refrigerant 
mass flowrate and compressor power to be only 
slightly affected by frosting of the outdoor 
coil. Therefore, only marginal drops in COP and 
capacity were observed despite the accumulation 
of frost on the slanted outdoor heat exchanger, 
which had 13 wavy fins per inch. The defrost 
interval, defined as the time between defrosts, 
is carpet plotted in Fig. 9 as a function of 
both compressor drive frequency and outdoor tem- 
perature for a relative humidity of 70%. An 
operating line for simulated CVSHP operation in 
Nashville, Tennessee, is also shown in Fig. 9. 

The operating line in Fig. 9 shows that a 
minimum defrost interval occurs at 60-HZ drive 
frequency and 21°F (-6.1"C) outdoor air tempera- 
ture. Reducing the compressor speed along the 
operating line increases the defrost interval 
due to the increase in evaporator temperature as 
speed decreases. Overspeeding above 60 Hz 
operation in Nashville would occur at outdoor 
temperatures less than 21°F (-6.1"C). Therefore 
defrost intervals increase because the ambient 
air holds very little moisture. 

Each frosting test was followed by an 
automatically initiated demand defrost based on 
outdoor coil air pressure drop. Visual observa- 
tions indicated that the outdoor coil was 
heavily frosted at the start of each defrost. As 
seen in Fig. 9, reducing the outdoor temperature 
and/or the compressor drive frequency caused 
significant increases in the time to defrost 
initiation. Figure 9 indicates that no frosting 
of the outdoor coil would occur at 15°F (-9.4"C) 
or less with the compressor driven at modulation 
frequencies less than 60 Hz. 

Characterized CVSHP Demand Defrosting Dynamics 
and Improved Defrosting Efficiency 

Tests were conducted where the compressor 
drive frequency was increased to 90 Hz and/or 
the indoor variable area throttle was controlled 
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Fig. 9. Defrost intervals as a function of 
compressor drive frequency and outdoor air tem- 
perature with relative humidity held constant at 
70%. Operating line is for simulated CVSHP opera- 
tion in Nashville, Tennessee. 

to determine any improvement in defrost effi- 
ciency due to these actions. Defrost data and 
test results are listed in Table 2. Data in 
Table 2 are from defrost tests that immediately 
followed frosting tests conducted at 60-HZ 
compressor speed and 35°F (1.7"C) temperature. 

TABLE 2 

Defrost efflolency es affected by flow area of the 
indoor throttle and oomgressor overspeeding 

Laboratory Compressor frost/defrost speed (Hz) 

data 60160 60190 

Effective throttle 0.06 0.10 0.06 0.10 
area (in.‘) 

Defrost interval 105.50 104.80 99.10 102.40 
(min) 

Defrost time (min) 5.70 4.80 5.30 4.50 

Defrost (W-H)’ power 210.30 190.00 280.60 244.20 

Frost/Defrost COpb 2.22 2.27 2.16 2.20 

a Measured power consumption of compressor and indoor 
blower. 

b Integrated average COP inculdes 5 kW of auxiliary heat 
during defrost period. 

Previous work by Millerl' indicated that 
increasing the effective flow area through the 
indoor throttle, active in defrost mode, would 
improve defrost efficiency by increasing refrig- 
erant flow during the first few minutes of 
defrost. The defrost intervals for tests listed 
in Table 2 are similar, indicating similar frost 
loads. Roughly doubling the flow area through 
the indoor throttle caused the defrosting time 
to decrease 15% and the defrost power to 
decrease roughly 10% compared to tests with 
fixed throttle opening. This control resulted in 
a 2% increase in COP (including 5 kW of auxil- 
iary heat), integrated Over the frosting and 
defrosting cycles. Doubling the throttle flow 
area and overspeeding the compressor to 90 Hz 
during defrost caused a 1% drop in integrated 
average frost/demand de.frost COP as compared to 
defrosting at 60 Hz. 

The works of Kuwahara et al.6 and Itoh 
indicated improvement in defrosting and system 
efficiency through compressor overspeeding and 
control of the throttle flow area during 
defrosting. Glamm7 indicated only slight impro- 
vement in average frost/demand defrost COP 
resulting from control of the throttle flow 
area. The results in Table 2 indicate, for the 
given configured system, that the best average 
frost/defrost COP results by increasing the flow 
area of the indoor throttle and by operating the 
compressor at 60-Hz drive frequency during 
defrosting. Further testing also revealed that 
regardless of compressor drive frequency prior 
to the defrost cycle, the best average 
frost/demand defrost COP was observed with the 
compressor driven at 60 Hz during defrosting. 

Characterized CVSHP Cycling Dynamics and 
Improved Cycling Efficiency 

The slow response of the test unit at 
speeds less than 60 Hz caused an increase in the 
degradation coefficient (CD) for normal mode 
cycling (i.e., compressor and fans cycle on and 
off simultaneously), as seen in Table 3. 
Attempts were made to improve cycling efficiency 
by initially increasing the area of the throttle 
at start-up. Heating mode results indicated that 
the larger flow area only increased the level of 
refrigerant in the accumulator after start-up 
(visually observed through sight glasses on the 
accumulator) and caused a decrease in cycling 
efficiency. In cooling mode the refrigerant 
charge was more evenly distributed between the 
heat exchangers prior to start-up, At start-up 
the larger flow area through the indoor throttle 
caused less restriction to the flow and allowed 
the compressor to more rapidly establish charge 
distribution. Therefore, by controlling the 
indoor throttle, the CDs measured during low 
compressor speed operation were improved for 
normal cooling mode cycling. 
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Degradation coefftdenb (C.) observed for 
vadoua compressor speeds and eycllng stratogiee 

Mode of 
operation 

Compressor 

speed 

(Hz) 

Cos for various cycling control strategies 

Overspeed Refrigerant control, 
Normal 205 blower delay (off-cycle) 

Expansion 
valve 
setting 

Fixed Variable Fixed Fixed Variable 

Heating 60 0.225 0.113 
30 0.329 0.391 0.295 0.215 0.133 
15 0.405 

Cooling 60 0.169 0.060 
30 0.365 0.237 

15 0.362 0.217 0.209 0.162 0.102 

‘At start-up the compressor is driven at 60 Hz for 20 S. 

Cycling control strategies. Heating and 
cooling mode tests were conducted with the 
refrigerant isolated in the system high-side 
during the off-cycle and with the indoor blower 
continuing to operate for 2 min into the off- 
cycle. At start-up the throttle was controlled 
for best cycling efficiency. The results of both 
heating and cooling mode tests with refrigerant 
migration and throttle control are displayed in 
Fig. 10 and are compared to normal mode cycling 
test results. 

Heating mode cycling test results in Fig. 
10 reveal significant improvement in efficiency. 
The tests, conducted at 30-Hz compressor drive 
frequency, show the CVSHP to achieve near steady 
state performance in roughly 10 min by control- 
ling the off-cycle refrigerant migration. The 
CD decreased from 0.329 for normal mode cycling 

h REFRIGERANT MIGRATION 
CONTROL COOLING 

NORMAL MODE CYCLING MODE ( 15 Hz) 

REFRIGERANT MIGRATION 
CONTROL HEATING 
NORMAL MODE CYCLING MODE (31 

0’ ’ ’ ” ’ ” ” ” 
2 4 6 8 10 12 

TIME (min) 

Comparisons of seasonal performance simula- 
tions were made for the different heat pump con- 
figurations listed in Table 4. Steady state 
COPS of each system were based on the compressor 
and indoor blower both powered by ideal induc- 
tion motor drives (i.e., sine-wave driven). A 
conventional SSHP,f having capillary tube flow 
control and a 90-min time/temperature defrost 
control, was compared with the optimally con- 
trolled CVSHP operating only at 60 Hz drive fre- 
quency (i.e., single-speed unit with optimal 
flow control and reduced dynamic losses).l7 The 
optimally controlled breadboard CVSHP, having 
reduced dynamic losses, was then compared with 
the CVSHP operating only at 60-Hz drive fre- 
quency (i.e., optimal control single-speed) to 
quantify the benefit of modulation on a seasonal 

Fig. 10. Improvement in heating and cool- f Actually the original unmodified CVSHP 
ing mode cycling COP. Cycling rate 12 min on, operated with the compressor driven by 60-Hz 
48 min off. sine wave. 

to 0.133 with combined control of off-cycle 
migration, 2 min of indoor blower delay, and 
throttle control (Table 3). 

Cooling mode cycling test results with 
refrigerant migration and throttle control 
observed at 15-Hz compressor drive frequency 
were not as dramatic as results observed in the 
heating mode. However, off-cycle control of 
refrigerant migration did improve the cycling 
COP of the CVSHP (Fig. 10). The CD decreased 
from 0.362, for normal mode cycling at 15.Hz 
speed, to 0.102, for cycling with off-cycle 
migration control, 2-min delay in indoor blower 
operation, and throttle control (Table 3). 

Seasonal Performance Analyses for SSHP and CVSHP 
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TABLE 4 
Heat Pump Systems used in APF Comparisons, 

Compresor and Fans Sine-Wave Driven 

Heat Pump Refrigerant 
System Flow Control 

-____-.__ 

Cycling Co 
Indoor -__-__-- 
Airflow Heat Cool 

.___.___~ 

Defrost COPB EERb 
Control Heat Cool 

Conventional 90-min 
Single-Speed Capillary Constant 0.25 0.18 Time & 3.0 8.70 

Temperature 

Optimal Control 
Single-Speed Variable Area Constant 0.11 0.06 Demand 3.1 9.66 

CVSHP Variable Area Variable 0.13 0.10 Demand 3.1 9.66 

‘Heating COP measured at 47 F (8.3”C) outdoor air temperature (60-Hz compressor drive 
frequency). 

bCooling EER measured at ARI rating point of 80 F (27°C) DB/67 F (19°C) WB indoor and 
82 F (28’C) outdoor temperature (60-Hz compressor drive frequency). 

basis for the particular system tested. For the 
seasonal simulations the CVSHP modulation ratio 
was 3:l (90- to 30-Hz compressor speed) in 
heating mode and 4:l (60- to 15.Hz compressor 
speed) in cooling mode. 

Total annual energy use due to 
frosting/defrosting, cycling, and supplemental 
heat was calculated for the heat pump systems 

(Table 4), operating in Fort Worth, Knoxville, 
and Syracuse. Energy use for each of the loss 
categories along with steady state and total 
annual operating energy use are listed in 
Table 5. 

SSHP reduced dynamic losses. Only 1% of 
annual energy consumption was attributable to 
frosting. Demand defrost control as compared to 
a 90-min time-temperature defrost control re- 
duced the number of seasonal defrosts by roughly 
a factor of 3 for all three locations. Both 
demand defrost control and improvement in 
defrost efficiencyg caused the 
frosting/defrosting energy consumptions for an 
optimally controlled SSHP to be roughly half 
that observed for an SSHP, having fixed throttle 
and time-temperature defrost control. 

The combined control of off-cycle refrig- 
erant migration and delay in shutdown of the 
indoor blower substantially reduced cycling los- 
ses for the optimally controlled SSHP by roughly 

g Throttle fully open during defrost to 
increase refrigerant circulation for 
improved defrost efficiency. 

50% for simulated operation in Fort Worth, Knox- 
ville, and Syracuse (Table 5). 

CVSHP modulation effect. The added feature 
of continuous modulation of the compressor and 
indoor blower motors further improved system 

efficiency significantly as seen by the reduc- 
tion of energy consumption (Table 5). This 
improvement in system efficiency can be attribu- 
ted to (1) reduced supplemental heat, (2) re- 
duced cycling losses, (3) heat exchanger 
unloading, and (4) reduced frosting/defrosting 
losses as explained in the following paragraphs. 

Reduced supplemental heat. Overspeeding 
the compressor reduced the balance point of the 
CVSHP as compared with the optimally controlled 
SSHP and reduced the amount of supplemental heat 
required to match load (i.e., balance points 
listed in Table 5). In the more severe winter 
climate of Syracuse the CVSHP reduced 
supplemental heat usage by 43%. The compressor 
overspeeding capability would also reduce the 
peak power demand for the public utility com- 

v-v. 

Reduced cycling losses. For operation at 
ambient temperatures greater than the balance 
point, the better load following capability of 
the CVSHP reduced cycling losses simply by re- 
ducing the number of cycles. Assuming both con- 
figured heat pumps to have reduced dynamic los- 
ses, compressor and indoor blower speed modula- 
tion decreased cycling energy consumption 
roughly by 40% of cycling energy for the 
optimally controlled SSHP. 



TABLE 5 
Simulated annual energy use breakdown for single=speed heat pump 

and continuously variable speed heat pumps 

City and state 

Heat 
pump 

configuration 

Heating Annual Dynamic loss energy Steady- Total Annual 
balance back-up state annual performance 

point heata Fr/Defb CyclingC energy energyd Yearly factor 
F P31 (kWh) WW WW WAW (kwh) defrosts (APF) 

Ft. Worth, Tex. Conventional 
single-speed 

Optimal control 
single-speed 

CVSHP 

21.0 (-8.1) 94.5 437.3 1257.7 9032.4 10822.0 519 2.13 

21.0 (-8.1) 91.8 

17.5 (-8.1) 30.3 

140.7 549.0 8332.8 9114.0 139 

97.2 293.0 8742.3 7182.8 105 

2.52 

3.21 

22.0 (-5.8) 234.7 784.1 1278.5 7502.2 9799.4 911 2.03 

22.0 (-5.8) 

18.0 (-7.8) 

244.9 338.0 594.7 8815.0 7992.8 304 

94.1 225.7 345.0 5818.3 8283.2 238 

2.49 

3.18 

27.0 (-2.8) 3073.2 1994.7 1158.3 10232.3 18458.5 2008 1.73 

27.0 (-2.8) 

21.0 (-8.1) 

3178.1 1192.8 545.4 9555.2 14471.8 855 1.97 

1806.3 950.8 321.0 9344.0 12422.2 847 2.30 

Knoxville, Tenn. Conventional 
single-speed 

Optimal control 
single-speed 

CVSHP 

Syracuse, N.Y. Conventional 
single-speed 

Optimal control 
single-speed 

CVSHP 

* Auxiliary heat required to satisfy house heating load when heat pump operates below balance point. Does not include auxiliary 
heat (5 kW) attributed to defrost. 

bFrosting/defrosting includes recovery energy following defrost and 5 kW of auxiliary heat during reverse-cycle defrost. 

c Cycling includes off-cycle parasitics. 

d Heat pump yearly energy consumption including back-up heat. 
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Heat exchanger unloading. Modulating the 
CVSHP at low loads reduced the condensing and 
raised the evaporating pressure (heat exchanger 
unloading) and thereby improved steady state COP 
as previously observed by Miller.g This heat 
exchanger unloading yielded the largest reduc- 
tion in heat pump energy usage for Fort Worth 
and Knoxville. The steady state energy consump- 
tion of the CVSHP was reduced by 19% compared 
with the optimally controlled SSHP in Fort 
Worth. In Knoxville, the steady state usage'was 
reduced by 17.5%, and in Syracuse, by only 2%. 
The small reduction in Syracuse probably 
occurred because the majority of load hours 
occurred at nominal compressor speed (i.e., 60- 
HZ drive frequency) in this predominantly 
heating load climate. 

Reduced frosting/demand defrosting losses. 
The frosting/demand defrosting efficiency of the 
CVSHP improved slightly over that of the 
optimally controlled SSHP. A maximum decrease in 
frost/demand defrost energy consumption of 30% 
was observed for the CVSHP in Knoxville as com- 
pared with the optimally controlled SSHP. The 
number of simulated defrosts in Knoxville for 
the CVSHP was 236 as compared with 304 defrosts 
for the SSHP. During low-speed modulation the 
evaporator temperature increased and therefore 
the defrost interval increased resulting in the 
reduced number of seasonal defrosts. In Syra- 
cuse the number of defrosts were nearly equal, 
again probably because the majority of heating 
load hours occurred at nominal compressor speed 
(i.e., 60-HZ drive frequency). 

Benefits of the CVSHP 

The seasonal analysis results for simulated 
operation in Syracuse showed that a CVSHP im- 
proved annual performance factor (APF) 168 com- 
pared to an optimally controlled SSHP. The test 
CVSHP operating in Knoxville or Fort Worth would 
improve APF roughly 27%. The major, improvement 
in seasonal efficiency in the moderate climates 
resulted from the ability to unload the heat 
exchangers during low load operation. In the 
predominantly heating load climate of Syracuse, 
the major improvement resulted from the reduc- 
tion of supplemental heat usage. The CVSHP redu- 
ces dynamic losses roughly 50 to 70% of dynamic 
losses observed for the optimally controlled 
SSHP. 

CVSHPs offer other benefits that are not 
easily quantifiable. 1n the heating season the 
CVSHP can reduce utility peak demand by over- 
speeding the compressor. In the cooling mode 
the CVSHP's near constant operation would help 
improve humidity control as compared to an SSHP. 
Also the fewer number of on/off and defrost 
cycles would improve compressor reliability. 

Finally, the CVSHP could be used for zone con- 
trol by adjusting capacity appropriately for the 
zoned load. 

Future Activities 

A compressor calorimeter, having a capacity 
range of 6 to 50 kBtus, is currently being 
installed for the testing of variable speed 
compressors. The test facility will provide the 
capability to generate a more complete data base 
for state-of-the-art variable speed compressors 
as described further by Rice,* and will allow 
improvement of present modulating compressor 
submodels for the ORNL modulating heat pump 
analytical design tool package. Modulating 
scroll and rotary compressors are planned to be 
tested during the upcoming year. Compressor 
testing may also be conducted with alternative 
refrigerants that could substitute for fully 
halogenated CFC refrigerants. 

A request for proposal is being issued for 
experimental evaluation of the performance of 
state-of-the-art variable speed Japanese heat 
Pumps. Tests will be conducted to characterize 
the system performance under steady state, 
cycling, and frosting/defrosting conditions. 
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