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Executive Summary

As part of the Department of Energy (DoE)/Oak Ridge National Laboratory (ORNL)

Building Equipment Research (BER) program, the National Bureau of Standards
(NBS) performed laboratory tests of a relatively ummodified residential heat
pump designed for R22 when charged with a nonazeotropic refrigerant mixture
(NARM). Performance of the heat pump charged with a binary NARM of 65%
R13B1/35% R152a was compared to R22. The advantages claimed for NARMs in this
application are improved thermodynamic efficiency as a result of gliding
refrigerant temperatures in the evaporator and condenser, and capacity

modulation through composition shifting.

Four test series (at the DoE rating conditions) were conducted: 1) heat pump
ummodified, 2) charge and expansion device area optimization tests, 3) tests
to evaluate potential performance with.wide shifts in NARM composition, and 4)
tests with a receiver added to evaluate its ability to increase the NARM

composition shift.

Efficiency improvement from the gliding temperature effect was found to be

unlikely in an air-to-air heat pump or air conditioner because of the cross
flow design of most current heat exchangers and, for heat pumps, because of
the refrigerant flow reversal when switching from cooling mode to heating mode
operation. Tﬁe gliding temperature effect can; however, be successful ly used

in water-to-water applications.

The expansion device size should be changed when the refrigerant is changed
for one of different properties (liquid versus vapor density); so as to ensure

that proper subcooling will be maintained.
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Capacity modulation through composition shift is a successful control strategy

that will increase seasonal performance in northern applications.

It was shown that if a control strategy was used which maintained subcooling
and composition could be shifted to 86% R13Bl, heating capacity at 17°F could

be increased 18% above that with R22 at comparable conditions.

Substitution of this particular NARM in the ummodified (except for expansion
device optimization) heat pump resulted in improved low temperature (17°F)

| heating performance (up 6% in capacity, no change in efficiency) at the
expense of reduced high-temperature heating (down 3% in efficiency) and

cooling (down 12% in capacity, 112 in efficiency) performance.

Adding a receiver resulted in a greater composition shift at low air
temperature and greater capacity enhancement relative to R22 (14% capacity

increase, 2% efficiency increase).

No potential reliability or safety problems as a result of substitution of the

NARM for R22 were observed.

It is recommended that future work on residential air conditioner and heat
pump applications of NARM's be directed toward equipment redesign to better
use their characteristics and to analysis of the performance characteristics

and potential of other NARM's than the one tested for this report.
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ABSTRACT

This report presents laboratory performance measurements of a relatively

unmodified residential heat pump designed for R22 when charged with a
nonazeotropic, binary mixture of R13Bl and R152a. Results are presented for
various sizes of fixed expansion devices. The effect of gliding temperature
within the saturation zone was found to be small. This experimental
investigation‘confirmed that flash distillation within the accumulator would
improve low temperature heating performance. The measured performance was
approximately 11Z lower in both efficiency and capacity than R22 for air
conditioning, The high temperature heating efficiency was 3% lower than R22.
The low temperature heating capacity was 14% higher and efficiency 2% higher

than R22, These results show a substantial improvement over R22 for heating

‘applications at the expense of reduced cooling mode performance. Further

performance enhancement for this or other mixtures is expected through various

system modifications which remain to be studied.

Key VWords: air conditioning; heat pumps; non-azeotropic refrigerants;

refrigerant mixtures; refrigerants; refrigeration.
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1. INTRODUCTION

The original goal of this study was to determine experimentally the energy
performance benefits of a nonazeotropic binary refrigerant mixture in an
unmodified residential heat pump. The single component refrigerant, R22, for
which the unit tested was originally designed, was selected as a comparison
basis. The mixture used in this study, R13B1/R152a, was chosen because it was
one of several touted in the literature [1,2,3] as having potential for
improving performance, and also because it was readily available from the
manufacturer. This mixture may bé considered as an example ot any ot a number
of mixture possibilities and the quantitative values éf this study are
significant in that they indicate the relative merits of the different
characteristics a mixture may offer (i.e., variable temperature phasé change,
vafiable capacity, bilevel temperature condensation/evaporation. etc.). Other
mixtures may offer greater or lesser_quantitative values depending on their
properties. The determination of the optimum mixture for heat pumps was not a

subject of this study.

As this study progressed it became apparent that a simple substitution of a
refrigerant mixture for R22 was not a fair evaluation of the relative benetits
of the mixture. The machinery components (i.e., heat exchangers, expansion
device, compressor, etc.) had been originally sized for a particular
refrigerant. The substitution of another refrigerant would cause the same
machinery to perform differently not only because of thermodynamic properties
differences, but also because parts of the machinery had become over— or
undersized. Therefore the second part of this study focused on charge

optimization and expansion device size determination.



A third series of tests was performed to evaluate the potential performance

with greater composition shift than had been observed in previous tests.

A fourth series of tests was performed with a receiver added to evaluate the

ability of this hardware addition to increase composition shift.

The heat pump performance criteria of prime consideration are capacity and
efficiency. Of the two, capacity is often the more‘imﬁortant because, for
many applications (i.e., northern climates), an increased capacity at lower
temperatures will reduce the resistance backup heat demand and thus
eignificantly improve the seasonal efficiency. Performance criteria relating
to reliability are also important and thus discharge pressure and temperature,

suction pressure, pressure ratio, and pressure difference were measured and

reported as well,

w
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2. BACKGROUND
Nonazeotropic mixtures are those which exhibit a temperature change at
constant pressure as they condense or evaporate. Binary mixtures consist of

two components., This report deals exclusively with a binary nonazeotropic

mixture of refrigerants R13Bl and R152a applied to a residential heat pump.

Several advantages havelbeen claimed for nonazeotropic mixtures in refrigera-
tion systems. Among these are improved thermodynamic efficiency (as a result
of gliding temperatures in the two-phase zone, i.e. Lorenz vs. Carnot cycle)
l4], multi-temperature level evaporators or condensers (useful for frozen and
produce compartments in refrigerators and for domestic hot water in heat pumps
and air conditioners) |5), and refrigerant composition change which alters

the working media's capacity allowing it to match load requirements [6]. The

last of these is the principal concern of this study.

The retrigerant mixture used in this study is one that has been recommended
for heat pump applications [1,2,3]. In comparison to refrigerant 22,
retrigerant 13Bl is more volatile, operating at higher pressures for
equivalent saturation temperatures. It produces more capacity in a typical
refrigeration system as a result of having a vapor density great enough to
more than compensate for a smaller latent enthalpy change. However in a
typical cycle [7], it is less efficient. Refrigerant 152a, in comparison, is
of lower volatility.ihas a lower operating pressure, and is a lower capacity
(lower vapor density) refrigerant with a relatively large latent enthalpy and
high efficiency at higher evaporator temperatures. The mixture of the two, 65
percent by weight of R13Bl, was chosen by DuPont to give capacity and

efficiency similar to R22 during air conditioning operation and higher



capacity than R22 for heating operation after composition shift had taken

place.

The greater the volatility difference between the two refrigerants, the easier
it is to shift the composition of the circulating refrigerant from its initial
value to one with a higher concentration of the higher boiling point
component. This shifting may be effected passively by flash distillation in a
conventional accumulator or actively with an added distillation system. The
shifting process for the simple heat pump described within this report was a
result of liquid flooding into the suction line accumulator during low ambient
temperature of the heating mode only. This caused an increase of RI3Bl in the

composition ot the circulating fluid.

When evaporation or condensation of a nonazeotrope takes place, the concen-
trations of the two components is different in the vapor and liquid phases.

In particular, the vapor is always richer.in the more volatile component and
the liquid is always richer in the less volatile component in comparison to

the initial composition. The extreme composition differences for this initial
composition occur at the beginning and end of the phase change process. For
example, as shown in figure 1, when a liquid mixture of 65% 13B1/35% 152a

(xz’a in figure 1) at 90 psia, first reaches its bubble temperature, it will be
in equilibrium with vapor at an approximate composition of 82% 13B1/18% 152a
(xv’a). An intermediate point approximately hal f way through the two phase

region is shown in figure 1 at b to result in equilibrium between liquid 50%

13B1/50% 152a (xp 1) and vapor 74% 13B1/26% 152a (xv,b)' The final example of
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figure 1 shows nearly completed evaporation at the dew line, ¢, where a liquid
of 36% 13B1/64% 152a (ge’c) is in equilibrium with vapor at the original 65%

13B1/35% 152a (x, ) composition.

Thus, refrigerant liquid in an accumulator will be quite rich in the less
volatile component resulting in the remaining refrigerant being enriched in
the more volatile refrigerant., In the case of the mixture used in these
tests, flooding into the accumulator would increase the percentage of R13Bl
circulating in the system and consequently increase low temperature heating
capacity over that of R22 resulting in a substantial system efficiency
increase by the reduction of need for electric resistance heat. This is shown

in figure 2.

In addition to mixture characteristics,‘it is also useful to understand the
system characteristics of a fixed expansion device heat pump that bring about
flooding into the accumulator with consequent flash distillation at low
outdoor temperatures. To understand this, two simplifications should be made.
First, that mass flow through the fixed expansion device is choked, which is
normally the case [8], and that, therefore, the expansion device mass flow
will be only a function of high side refrigerant properties. Second, that the
mass flow through the compressor is primarily a function of suction vapor

density, that is the low side refrigerant properties.

In the heating mode, when the outdoor temperature decreases, the mass flow
rate that the compressor pumps decreases because the suction vapor density
decreases. The amount of liquid refrigerant that the expansion device can

pass does not change because the indoor air temperature does not change and

6
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heﬁcé the high'side saturation state does not change significantly. When the
outdoor temperature dropé to such a level that the liquid mass flow that the
expansion device can pass exceedslthe vapor mass flow which the compressor

is capable of pumping , liquid refrigerant will leave the condenser at a
greater rate than it is replenished until subcooling is lost and two phase
instead of liquid flow is passing through the expansion device. When steady
state is reached, this two phase flow will be equal to the compressor mass

flow.

In the cooling mode, as the outdoor temperature rises, the amount of liquid
refrigerant that the expansion device can pass increases as a result of the

increased saturation pressure in the condenser. The compressor capacity stays

about the same since the indoor air temperature does not change. As before,

expansion device capacity exceeding compressor capacity results ultimately in
fiooding through the evaporator into the accumulator. Conversely, if the

outdoor temperature decreases, compressor capacity exceeding expansion device
capacity will cause liquid refrigerant to back up in the condenser and cause

the accumulator to be dry and subcooling to exist.

In either éase thé cycle accommodates itself to the changed outdoor
temperature to achieve steady state with the mass flow through the compressor
and expansion device equal. In the case of an expansion device gaﬁacity less
than the compressor capacity, this is accomplished by a decrease in suction
pressure and increase in head pressure that slightly increases expansion
device flow and, as a result of this increased pressure difference, reduces

the cycle efficiency. In the case of an overly large expansion device
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compared to compressor capacity, the mass flow through the expansion device
will be reduced to match the compressor capacity by passing vapor (which
contributes little to capacity) as well as liquid refrigerant. This also

reduces cycle efficiency.

In the control strategy for this binary mixture, it is not desired to have
concentration shift at high temperature cooling even though this would help
match the load line because it would result in high head pressures and reduced
efficiency which would be undesirable for summer peaking utility applicationms.
Hence the cooling expansion device orifice should be chosen to give enough
superheat at the 82°F rating point to prevent flooding at higher outdoor

ambient temperatures.

In heating the expansion device orifice should most likely be chosen to give
best efficiency (i.e., a small amount of subcooling) at 47°F and to accept
whatever degree of composition shift occurs at lower temperatures, although

these criteria are less clear than those for cooling.

It should be noted that flooding into the accumulator is dependent on loss of
subcooling in the condenser. More refrigerant in the accumulator means higher
quality and void fraction in the condenser. Adding a receiver to the system
as discussed for the last series of tests in this report increases system
design flexibility by allowing varying (but equal in sum) amounts of
refrigerant to be in the receiver and accumulator while maintaining a constant
high side quality defined by the requirement that the receiver be at

saturation conditions if it is partially full.



3. TEST HEAT PUMP AND FACILITY

A nominal three ton, split system, air-to-air unitary heat pump was used for
this investigation. The outdoor unit contained the compressor, outdoor coil,
fan defrost controller and associated equipment. The indoor and outdoor
sections of the heat pump were installed in separate adjoining environmental
chambers. The unit was tested in the environmental chambere and apparatus

described in Reference [9].

The indoor section of the unit attached to the air flow measurement tunnel is
shown in figure 3. The outdoor section of the unit with the cover removed to

show the coil return bends is shown in figure 4.

The principal method used to measure the heat pump heating and sensible
cooling capacities was the indoor air enthalpy method [10]. An air flowrate
measuring apparatus was connected to an insulated duct attached to the
discharge side of the indoor section of the heat pump. This apparatus

consisted of a receiving chamber and discharge chamber separated by a

partition containing a nozzle. An exhaust fan was attached to the duct

leaving the discharge chamber so that the static pressure of the air leaving
the indoor section of the heat pump could be adjusted to give air flow rates

consistent with the manufacturer's performance data.

Manometers accurate to within 1% of the reading were used to measure the
static pressure across the nozzle and pressures obtained by a pitot tube
placed at the nozzle exit. A thermocouple was installed to determine the air

temperature at the nozzle exit.

10
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Figure 3.

Heat pump indoor unit installed in test apparatus.
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A thirty-junction thermopile was used to measure the air temperature
difference entering and leaving the indoor section of the heat pump. ‘One side
of the thermopile was placed in the entering duct while the other was placed
in the insulated discharge duct leading to the receiving chamber of the air
flow measuring apparatus. The junctions of the thermopile were spaced at

centers of equal area across the inlet and discharge ducts.

The relative humidity of the air entering and leaving the indoor unit was
measured using an aspirated psychrometer. An aspirated psychrometer was also
used tovmeasure the relative humidity of the air leaving the indoor unit
during cooling mode tests and the relative humidity of the air entering the

outdoor unit during heating mode tests.

The volatile refrigerant flow method [10] was used as the secondary test
method. The liquid refrigerant line at the indoor unit was modified to
incorporate a sightglass, turbiné meter and four valves. The valves served to
properly direct the flow of refrigerant through the turbine meter when the

heat pump operated in either the heating or cooling mode. Adequate subcooling

to prevent tlashing at the turbine meter was necessary for accurate

.determination of the refrigerant flow rate. For this reason, it was not

possible to use this secondary method for some tests. The refrigerant flow
was determined by the turbine meter and an electronic totalizer. The density
of the refrigerant was determined from the temperature and pressure readings

and the mixture equations of state [11, 12].

Watthour meters were installed to measure the electrical energy consumption of

the compressor and outdoor fan, and the indoor fan. Electronic totalizers

13



and printers were connected to the watt-hour meters to provide a record of the

energy consumption.

The dry-bulb and dew-point temperatures in both the indoor and outdoor
envirommental chambers were continuously recorded. The average temperatures
of the air entering the outdoor unit was measured using four thermocouples
connected in parallel. 1In addition to the preceding instrumentation,
thermocouples and pressure gauges were installed at various locations and
temperatures and pressures were recorded to provide additional information on

the performance of the unit and as a check for consistent operation.

At the conclusion of the initial test series the unit was modified by the
addition of valved circuits in parallel with the capillary tubes to allow use
of interchangeable orifices to facilitate expansion device optimization. A
single orifice with a tee was used to replace the two capillary tubes on the
indoor "AY coil. A manifold allowing selection between three orifices was

used in place of the single capillary tube on the outdoor unit.

At this same time additional thermocouples were added to measure coil
temperatures. Individval insulated thermocouples were soldered to all the
return bends on one end of the outdoor coil and on one end of one half of the

indoor coil.

Through-the-wall thermocouples were also installed through 13 return bends on
the indoor coil and 9 return bends on the outdoor coil. In their most
successful form these were created by silver—-soldering an 18 gage hypodermic

needle into a small hole drilled through the tube wall, inserting a

14
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thermocouple, filling the base of the hypodermic with epoxy glue, evacuating
the system sufficiently to draw the epoxy into.the hypodermic needle, and
finally crimping the back of the hypodermic needle. These through-the-wall
thermocouples gave trouble throughout the project with leakage, particularly
in the coil which happened to be operating as a condenser. For this reason,

several of them were eliminated toward the end of the project.

“Refrigerant composition for the binary-mixture tests was measured by

withdrawing a small sample into a separate sample bottle which was later

analyzed with a gas chromatograph.

A receiver installed in the liquid line near the indoor unit was used in some
tests., An inverted oil separator with the o0il return line blocked was used
for this purpose. The internal volume of this o0il separator shell used as a

receiver was 140 cubic inches.

15



4. COOLING MODE TESTS

Cooling mode test results are summarized in Table 1 for tests performed using
the binary refrigerant mixture and in Table 2 for tests performed using R22.
As indicated, these tests were performed at either the DoE Test "A" (95°F
outdoor ambient) or at the DoE Test "B" (82°F outdoor ambient) rating
condition [13]. 1In both cases, the specified indoor entering condition is
80°F dry bulb and 67°F wet bulb., Direct comparison between the capillary tube
and orifice results should not be made since the expansion device change
involved some change in refrigerant distribution, and the superheat criteria
were different. Also, the two test series were separated by a nine month
period during which this heat pump was used for another test series which

could have resulted in some wear on the equipment.

The charging criteria for the capillary tube tests was 14°F of superheat
leaving the evaporator at the 95°F outdoor ambient cooling test condition,

For the orifice tests this was reduced to 10°F. This amount of superheat was
desired for this test series for two reasons. First, it was desired to
quantify cooling mode performance of the nonazeotropic refrigerant without the
composition shift that would occur with flooding into the accumulator.

Second, it was desired to use the refrigerant-side mass flow multiplied by the
enthalpy change as a secondary capacity measurement method to establish
confidence in the tabulated refrigerant mixture properties., This capacity
measurement method as specified in ASHRAE Standard 37-78 requires 3°F of
subcooling entering and 10°F of superheat leaving the indoor coil to ensure
its accuracy. Since these tests were performed, ASHRAE Standard 116-83 has
been adopted which allows use of the refrigerant enthalpy flow method with 5°F

of superheat leaving the indoor coil.

16
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Table 1. Summarized Results for Cooling Mode Tests Performed with a 65%/35% mixture of R13B1/152a

$3°F, Dol "A" Rating Condition

Expansion Device, I.D., In.b Cap 0.0781 0.0807 0.0820 0.0846 0.0846 0.0938 .0938f
Air Side Capacity, Btu/hr 27,300 27,320 27,590 27,880 28,130 28,350 27,450 30,490
Latent Capacity, % 15.7 16.3 16.3 17.1 18.8 16.5 15.9 31.9
EER (Total Systems 6.26 6.27 6.30 6.45 6.48 6.47 6.34 5.85
Refrigerant Charge, lbs 9.5 9.7 - 9.5 - - - -

Refrigerant Mass Flow Rate, lbs/hr 531 549 571 568 577 608 5782 896
Subcooling at Exp. Device, °F 19 6.6 2.0 1.3 1.1 0.5 0 4.4
Superheat Leaving Evaporator, °F 13 11.6 10.1 9.85 10.1 3.4 9.7 13.3
Compressor Suction, psia 82.8 88.7 90.9 90.9 91.2 93.4 91.2 120.9
Compressor Suction, °F 75.5 75.0 73.8 74.2 74.3 66.8 74.2 67.8
Compressor Discharge, psia 317 312 297 297 296 296 - 294 376
Compressor Discharge, °F 221 212 208 208 208 197 207 204
Compressor Power, WC 3360 3857 3882 3830 3845 3884 3836 4715
Pan Power, W° 504 500 500 493 495 497 493 496

82°F, DoE "B" Rating Condition

Air Side Capacity, Btu/hr 27,580 28,230 29,060 29,670 29,340 31,600 28,880

Latent Capacity, 2 18.5 - 19.7 18.2 20.3 20.6 20.8 20.2
EER 6.77 7.05 7.17 7.33 7.21 7.57 - 7.13
Refrigerant Mass Flow Rate, lb/hr 494 513 542 552 567 599 552°
Subcooling at Exp. Device, °F 18.3 7.3 3.8 1.2 2.7 1.4 0
Superheat Leaving Evaporator, °F 20.7 18.2 15.1 14,0 13.5 4.0 14.7
Compressor Suction, psia 74.8 80.5 83.4 85.1 83.6 89.9 - 84,0
_Compressor Suction, °F 74.0 73.1 71.2 70.4 7n.1 66.2 72.0
Compressor Discharge, psia m 252 252 252 265 255 249
Compressor Discharge, °F 214 203 198 196 197 187 197
Compressor Power, W° 3570 3507 3572 3558 3573 3678 3554
Fan Power, W° 504 497 497 491 495 495 497

s .
The mass flow rate for this test in which there was no subcogling was estimated from the refrigerant
density entering the compressor. )

b
iap implies 2 capillary tubes, 0.08" I1.D. x 51" long. Otherwise the I.D. for a single 0.5" long orifice
s given.

c
Includes outdoor fan power of approximately 303 W.
d
Includes outdoor fan power of approximately 309 W.
e
Includes contrel circuit power of approximately 40 W.

£
This one test was performed with an 85.62/14.4% mixture of RI3B1/R152a ea
for the other listed tests. ingtead of the 651/35% mixture used
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Table 2.

Expansion Device, 1.D., In.b

Alr Side Capacity, Btu/hr

Latent Capacity, %

EER (Total System)

Refrigerant Charge, lbs.
Refrigerant Mass Flow Rate, lbs/hr

Subcooling at Exp. Device, °F

Superheat Leaving Evaporator, °F

Compressor Suction, psia

Compressor Suction, °

Compressor Discharge, psia

Compressor Discharge, °
Compressor Power,

Indror Fan Power,

Air Side Capacity, Btu/hr
Latent Capacity, 2

EER

Refrigerant Mass Flow Rate, 1lbs

Subcooling at Exp. Device, °F

Superheat Leaving Evaporator, °F

Compressor Suction, psia

Compressor Suction,

Compressor Discharge, psia

Compressor Discharge, °
Compressor Power, wd

Indoor Fan Power, u‘

Summarized Results for Cooling Mode Tests Performed with R22

95%F, DoE "A" Rating Condition

Cap Cap
30,790 32,270
19.5 22.4
7.12 7.42
7.8 -
470 483
13.7 13.9
15.6 13.5
82.9 |, 84.8
75.4 12.6
278 280
232 228
3819 3867
504 484

0.0610
31,710
21.8
6.97
10.9
486
24.2
10.1
90.4
72.6
299
235
4053
497

82°F, Dol "B'

33,060

22.3
8.30

449
16.9
21.0
76.6
1.4

236

219
3498

484

31,320
23.3
.11

442
23.1
19.7
80.7
1.7

248

225
3573

491

0.0670
32,530
22,7
7.32
9.7
501
18.0-
10.0
91,2
71.7
287
226
3947
500

32,540
23.5
8.02

466
18.0
17.4
82.7
70.2

240

216
3561

497

0.0730
31,990
23.2
7.30
8.9
501
8.7
9.9
90.5
72.4
280
225
3902
479

' Rating Condition

32,950
25.1
8.15

480
11.0
15.2
84.1
69.6

235

212
3567

475

0.0781
31,630
20.9
7.17
8.0
505

9.9
91.1
72.5

224
3932
479

33,550
23.5
8.23

498
7.2
13.4
86.9
68.7
236

208
3599

479

0.0846
31,010
20.2
7.17
8.3
505%

0

10.1
91.2
73.0
275
224
3891
479

32,100
22.1
7.95

4842
0
15.0
84.9
70.3
231

209
3545

502

8rhe mass flow rate for those tests in which there was no subcooling was estimated from the refrigerant
density entering the compreasor.

bCap implies 2 capillary tubes, 0.08" I.D. x 51" long.

€Includes outdoor fan power of approximately 303 W.

dIncluden outdnor fan power of apnroximatelv 309 W.

@y1ncludes control circuit power of approximately 40 W.

0.0938
30,390
20.4
6.94
7.2
5052
0
10.8
91.6
74.6
273
223
3884
495

31,110
22.8
7.76

473°

16.8
83.6
72.4

229

212
3512

497

Otherwise the 1.D. for a single 0.5" long orifice 1is given.
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For both binary and conventional refrigerant fixed-area-expansion-device heat
pumps, this level of subcooling (3°F to 5°F) is typical, but the level of
superheat is high. Typically at the 95°F rating point superheat would be 5°
or less. Superheat levels of 5°F to 10°F would be typical of thermostatic
expansion valves systems operating at this rating point. Although the design
of simulation of an expansion valve system was not included as part of this
project, the comparative results are probably quite close to those which would
be obtained with a suitable cross-charged expansion valve. It is more likely,
however, that an expansion device for a binary refrigerant system would employ
an electric valve sensing both outdoor temperature and liquid level in a
receiver or accumulator, in addition to temperature and pressure leaving the

evaporator.

A value of 0 is listed in Tables 1 and 2 for subcooling at the expansion
device when subcooling was lost as indicated by a lack of agreement between

the refrigerant and air side capacities.

The binary test shown in column 6 of Table 1 has minimal superheat. This test

was conducted since many likely control strategies would result in less

superheat than was used for these tests. The binary test shown in column 8
has an increased percentage of R13Bl to show theveffect of this variable in

the cooling mode.
The expansion device and charge are listed only for the 95°F test. The 82°F

test tabulated immediately below each 95°F was performed with the same

expansion device and charge on the same or the following day.
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The capacity and efficiency test results are also summarized in figure 5. The
NBS steady-state heat pump simulation model, HPSIM [8], was used to verify the
shape of these curves for the R22 tests and confirmed the observation that

as the expansion device becomes overly restrictive the 82°F and 95°F capacity
approach each other and eventually cross, The shape of these graphs for the
binary refrigerant are quite similar, showing the above described narrowing of
the 95°F and 82°F capacity difference for small orifices and showing

simultaneous peaks in capacity and efficiency.

The orifice giving the highest capacity at 95°F has & 30% smaller area for the
R22 tests and a 6% greater area for the binary tests than the orifice area
giving the greatest capacity at 82°F. For general comparison, the optimum
expansion device and charge were chosen as those giving the best efficiency at
the 82°F rating point. These orifices were the 0.0781 in I.D. for R22 and the
0.0820 in I.D. for the binary mixture. Best performance for both refrigerants
was obtained with minimal high-side pressure while still maintaining some

subcooling entering the expansion device.

That the‘percent latent cooling for a given capacity is not strongly affected
by the different refrigerants and their associated different temperature
patterns through the evaporator is shown in figure 6 derived from Table 1 and
2. This suggests that the decrease in total capacity of the binary mixture,
also included a decrease in latent capacity due to am average increase in
evaporator temperature. The apparent continuity of this plot for the two
refrigerants as shown by the near coincidence of their respective least square
linear regression lines indicates that there is no other substantial

difference between them.
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For the mixture to have the same percent latent cooling as the R22 case, the
air flow rate would have to be reduced approximately by the ratio of their
respective capacities. This air flow reduction would result in a lowering of
the evaporator saturation temperature and in a small additional loss of

capacity and efficiency.

Plots of return bend temperatures through the evaporator for a typical test
are shovmn in figure 7. The saturation, bubble and dew lines shown are calcu-
lated from pressures at the evaporator inlet and outlet, assuming a straight
line gradient through the coil. The R22 temperatures can be seen to follow
the saturation temperature line predicted from these pressures until the
refrigerant reaches a quality of unity, after which point it rapidiy reaches
the imposed conditions of 10°F of superheat. The binary refrigerant
temperaturé gradient results from a tradeoff between the rate of heat gain and
pressure drop. The most rapid period of temperature rise occurs when the coil
circuitry splits in half, reducing the mass flow in each circuit accordingly,
and simultaneouslf is routed to the front of the coil where the highest heat
gain rate occurs. The temperature rise through the binary evaporator, is not

as great as the difference between the dew and bubble temperatures at this

pressure (18°F) . This is due to the fact that while the changing liquid
composition is causing an increase in fluid temperature, the flow pressure
drop is causing a decrease in saturation temperature of the fluid. The actual
temperature rise through the evaporator for the binary refrigerant was
approximately 14°F and fhat of the R22 approximately 1°F. This is, however, a
result of the 10°F superheat criteria reinforcing the temperature gradieht for
the binary refrigerant and cancelling that of the R22. If the refrigerant
left the evaporator as saturated vapor, the temperature difference, inlet-to-

outlet, assuming the same pressure drop, for the binary refrigerant would be
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only 3°F and that of the R22 would be -8°F. The actual temperature gradient
for the binary refrigerant while it is in saturation is indicated in figure 7
as 9°F. The temperature difference (gliding temperature effect) of this
mixture through the evaporator tends to be of the same order of magnitude as
that for R22. 1In general the value for a binary mixture would be greater or
less than that for R22 depending on the temperature difference between its
bubble and dew lines, the pressure gradient, and the specified amount of
leaving superheat. Return bend temperatures are shown and discussed for both

a typical condensing operation and for a flooding evaporator in the following

section on heating test results.

The refrigerant charge was not measured for most tests. This was because the
unit was charged from separate bottles of the pure components and because as
the charge was adjusted to obtain the required superheat and composition
frequent addition or removal of small amounts of refrigerant was necessary.
This resulted in considerable uncertainty as to the final remaining charge

because of the cumulative small errors.

The refrigerant mass flow rates listed for tests in which the liquid refrig-

erant was subcooled were directly measured with the turbine flow meter. For
those testslin which subcooling was lost at the turbine meter, an approximation
was made at either test condition "A" or "B" by assuming a constant volumet-

ric flow rate at the compressor suction line and using the measured pressures and

temperatures to calculate the refrigerant specific volume.

A principal reason for performing these expansion device optimization tests

was the concern about the high pressures observed during the original binary
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refrigerant tests which used the capillary tube sized for R22. The

improvement in observed pressure at the most severe of the cooling test

conditions, 95°F, is summarized in Table 3.

Table 3. Comparison of System Pressures at the DoE 95°F, "A", Test Conditiom

Refrigerant R22

Expansion Device (cap. tube Cap
. or orifice diemeter, in.)

Discharge Pressure, psia 278
Discharge Temperature, °F 232
Suction Pressure, psia 82.9
Pressure Ratio 3.35
Pressure Difference, psi 195

R22

.078

279
242

91.1

3.06

188

Binary Binary

Cap .082
317 297

221 208
82.8 90.9

3.8 3.27
234 206

The increased suction pressure for the orifice tests over the capillary tube

tests for R22 is a reflection primarily of the change in test plan to a lower

value for the refrigerant superheat leaving the evaporator since the expansion

device was essentially optimized in both cases.

Optimization of the expansion

device did reduce the binary pressure ratio to a value between the listed R22

values. The pressure difference remains slightly higher than for R22.

Compressor discharge temperature, also listed in Table 3, is seen to be

consistently better (i.e., lower) for the binary mixture than for R22.
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5. HEATING MODE TESTS

Heating mode test results are summarized in Table 4 for those tests performed
with the binary refrigerant mixture and in Table 5 for those tests performed
with Rzﬁ. As indicated in Tables 4 and 5, these tests were performed at both
the DoE 47°F and 17 °F outdoor ambient test conditions. In both cases, the
specified indoor entering air condition was 70°F. The refrigerant charge used
for these tests was that which had produced the best efficiency at the 82°F
cooling rating condition as shown in Tables 1 and 2. For the binary tests,
this resulted in a charge of 9.5 lbs with the 0.0820 in. I.D. orifice
installed in the indoor coil for cooling mode operation. For the R22 tests, a
charge of 7.17 1bs was used with the 0.0780 in. I.D. orifice installed in the
indoor coil for cooling mode operation. Caution should be exercised in making
direct comparison between the capillary tube and orifice results since the
expansion device change involved changes in distribution and in superheat
criteria. Also, these two test series were separated By a nine month period
during which this heat pump was used for a different series of tests. This

could have resulted in some wear which might bias the results.

The capacity and efficiency results listed in Tables 4 and 5 are summarized in
figures 8 and 9. The outstanding observation from these figures is the
“insensitivity of binary capacity to orifice size. An exception was the
smallest orifice at 47°F which presumably failed to flood the evaporator. It
appears that the capacity gain from concentration shift is being offset by the
capacity loss resulting from the incomplete condensation leaving the
condenser. This point is illustrated in figure 10 in which the enthalpy
change through the condenser is compared to the value that would have resulted

had complete condensation taken place,
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Table 4.

Expansion Device, 1.D., 1n.,b

Air Side Capacity, Btu/hr

Charge, 1bs

Operating Composition (% R13B1/ZR152a)
cop (Total system)

Refrigerant Mass Flow Rate, 1b/hr

Quality Leaving Condensor, X, *

Compressor Suction, psia
Compressor Suction, °F
Compressor Discharge, psia

Compressor Discharge, °F

Compressor Power, Hc

Indoor Pan Power, we

Expansion Device, I.D., in., b

Air Side Capacity, Btu/hr

Operating Composition (ZR13B1/%ZR152a)
COP  (Total System)

Refrigerant Mass Flow Rate, 1lb/hr

Quality Leaving Condensor, X, 8

Compressor Suction, psia
Compressor Suction, °F
Compressor Discharge, psia
Compressor Discharge, °F
Compressor Power, W

Indoor fan Power, we

aRefrigerant mass flow and quality calculated fvom air side capacity and volumetric flow meter.

bCap implies a single capillary tube, 0.09 in. I.D. by 37.5 in. long.

®Includes outdoor fan power of approximately 320 W.

dIncludes outdoor fan power of approximately 340 W.

Summarized Results for Heating Mode Tests Performed with a Mixture of R13B1/R152a

Charged to a 65%/35Z Original Composition

Cap 0.0650 0.0650
35,660 29,880 31,030
9.5 9.5 9.5
65.3/34.7 -- 64.6/35.4
2.71 2.52 2.57
454 368 377

0 o Y

65.8 59.7 61.2
50 55.6 56.7

247 215 219
192 198 200
3378 3008 3054
4717 470 479

Cap 0.0550 0.650
22,740 20,980 21,050
72.8/27.2 69.8/30.2 70.8/29.2
1.97 1.92 1.92
3478 2994 3108
2.5 3.1 4.3
47.1 46.5 46.9
13 14.9 14.6

218 204 204
173 186 186
2903 276 2732
479 479 479

®Includes control circuit pover of approximately 40 W.

0.0700
34,460
9.5
2.76
4898

1,2

70.9
38.4
233
176
3320
466

0.0730
33,800
9.5

2.62

4832

Q.9

70.2
38.1
231
176

3308
468

9.5

66.7/33.3

2.68

5108

1.0

72.5
38.6
237
176

3372
410

47°F DoE Rating Condition
0.0760
35,150

17°F DoE Rating Condition

0.0730
21,300
73.4/26.6

1.89

335a

8.4
49.7
14,1

209

177
2819
479

0.0780 0.0807 0.0846
33,870 34,190 34,080
9.5 9.5 9.5
2.61 2.64 2.61
4962 503 505
2.3 2.2 2.5
71.1 71.3 72.1
37.5 38.0 38.3
234 233 234
175 175 175
3339 3336 3360
466 464 468
0.0846

20, 480

74.9/25.1

1.80
3458

13.1

50.4

13.1

210

174

2849

479

Otherwise, the 1.D. for a single 0.5 in. long orifice is given.
In both cases the expansion device directly fed the first pass of the evaporator as indicated in figure 11.

"

0.0938
34,160
9.5
2.58

5278

0.0938

20,510
75.9/24.1

1.77
362a

22,1

52.7

14.0

212

172

2912
479
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Table 5. Summarized Results for Heating Mode Tests Performed with R22

Expansion Device, I.D., In., b

Adr Side Capacity, Btu/hr

COP (Total System)

Refrigerant Mass Flow Rate, 1lb/hr
Quality Leaving Condenser, %
Compressor Suction, psia
Compressor Suction, °F
Compressor Discharge, psia
Compressor Discharge, °F
Compressor Power, W ¢

Indoor Fan Power, W e

Expansion Device, I.D., In., b

Air Side Capacity, Btu/hr

cop

Refrigerant Mass Flow Rate, lb/hr
Quality Leaving Condenser, %
Compressor Suction, psia
Compressor Suction, °F

Compressor Discharge, psia
Compressor Discharge, °*F
Compressor Power, ‘W94

Indoor Fan Power, W¢

Cap
36,200
2,79
383
0
64.7
51
222
208
3327

473

20,510
1.92
222
5.8
40.4
11

177
203
2642

484

47°F DoE Rating Conditiom

0.0630 0.0650 0.0670

34,628 35,340 35,220
2.69 2.74 2.73
388° 395 398
1.7 0 0
68.7 68.6 68.8
31.2 42.0 40.7
216 219 218
190 196 19
3300 3308 3306
473 473 473

17°F DoE Rating Condition

0.0630 0.0650 0.0670

19,090 20,040 19,740
1.80 1.89 1.87
205% 2152 2152
6.8 6.7 8.2
43.3 43.5 43.7
17.4 17.4 17.1
175 174 174
206 206 - 205
2621 2627 2610
484 484 479

aRefrigerant mass flow and quality calculated from air side capacity and volumetric

flow meter.

bCap implies a single capillary tube, 0.09 in. I.D. by 37.5 in. long. Otherwise the
1.D. for a single 0.5 in. long orifice is given.
directly fed the first pass of the evaporator as shown in Figure 11,

®Includes outdoor fan power of approximﬁtely 320 wW.

dIncludes indoor fan power of approximately 340 W.

In both cases the expansion device

®Includes control circuit power of approximately 40 W.

29



36000 ,

34000

32000}

30000

CAPACITY (Btu/hr)

O Binary

28000 - A R22

2.8

2.7+

COP

2.6

2.5 1 1 | ]

.05 .06 .07 .08 .09

ORIFICE 1.D. (in)

Figure 8. Summarized 47 °F heating mode test results.
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Figure 9. Summarized 17°F heating mode test results.
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Figure 10. Condenser Enthalpy Change of R13B1/R152a Binary Mixture
' in Heating Mode at 17°F Outdoor Temperature
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The enthalpy used in figure 10 and the tabulated mass flow for most of these
tests (as indicated by a superscript in Tables 4 and 5) was calculated by
varying the assumed quality at the measured pressure at the turbine flowmeter
to find a value which was consistent with the volumetric flow measured by the

turbine meter and with the measured air side capacity (see Appendix).

Although the capacity was insensitive to orifice size, the efficiency showed a
clear peak for 47 °F operation since the shift to concentrations richer in the
more dense R13Bl, helped to offset capacity loss but not efficiency loss. A
similar peak for 17°F operation would be expected if orifices small enough to

cause evaporator starving at that temperature had been used.

The binary control strategy, as originally conceived, called for a dry
accumulator during 47°F operation'and-flooding causing composition shift .
during low temperature operation. It appears that starving the evaporator
causes severe efficiency loss and that the best control strategy is to barely
flood at 47°F, which still results in composition ?hift at lower temperatures

because the degree of flooding still increases as outdoor temperature drops.

As was observed in the cooling mode tests, the binary discharge pressure is

higher and the discharge temperature lower than would be the case for R22.

In figures 11 and 12, return bend temperatures through the evaporator and
condenser for R22 and the mixture are compared for 17°F flooded evaporator
operation. In this case the refrigerant mi#fﬁre gives temperatures within the
evaporator (figure 11) that rise or fall depending on the relative effects of

pressure drop and heat transfer with a leaving temperature approximately 1°F
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higher than its entering value, whereas the R22 temperatures steadily fell
leaving the evaporator 5°F lower. The heat transfer rate to this coil was
more uniform than the indoor coil in that its circuitry zigzagged from front
to back instead of proceeding row-by-row. At each branch point the mass flow
through each circuit is halved thus resulting in an apbroximate halving of the
flow-pressure-drop rate. Since heat transfer is primarily limited by the air
side heat transfer coefficient and surface aree, an approximate doubling of

the heat transfer rate per pound was observed.

The binary mixture can be seen to go through approximately a 9°F change in the
condenser two-phase zone (where the pressure drop and the saturation tempera-
ture gradient reinforce) in comparison to an approximately 3°F phase tempera-
ture gradient due to pressure drop alone for R22Z (figure 12). The pressure
gradient was not measurable with the high-side pressure gauges used on the
condenser. Hence horizontal bubble, dew, and saturation lines are shown in
figure 12. The 3°F saturation temperature difference observed for the R22
would correspond to a saturation pressure difference of approximately 7.5 psi.
It should be noted that compared to an evaporator, condenser pressure
gradients are less because the lower average void fraction of the condensing
refrigerant results in lower velocity and, consequently, lower preasure drop.
Also, for this mixture, the difference between the dew and bubble lines is
reduced at the high pressure of & condenser in comparison to evaporator
pressure levels. For a 65%/35% mixture of R13B1/R152a, this dew-bubble line

temperature difference is 14.7°F at 250 psia and 23.,5°F at 60 psia.

After it had been observed that the subcooling loss that was occurring

concurrently with composition shift was adversely affecting the performance of
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the binary mixture, it was decided to perform comparative tests with
subcooling at the 17°F heating test condition to evaluate the potential
performance obtainable by composition shifting. These tests were performed
with an adjustable needle valve in place of the interchangeable orifice
expansion devices used for the other reported tests because sufficiently small
orifices were not available. The results of these tests are shown in Table 6.
A 47 °F test with a high concentration of R13Bl is also shown in Table 6 for

the purpose of comparison to the data shown in Tables 3 and 4.

The high concentrations of RI13Bl shown in Table 6 were obtained by charging
the unit with the desired mix of refrigerants rather than as the result of any
control strategy affecting a base mixture at 657 RI3Bl as was the case in the
tests recorded in Table 3. The expansion device was adjusted for best

capacity which in all cases was at the -point of marginal subcooling.
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Table 6. Heating Tests with Rubcooling and Manually Adjustable Needle
Expansion Valve,

Outdoor Ambient Air Temp., °F - 17.4 16.9 46 .4
Refrigerant, (R22 or X% RI3Bl1) R22 85.9% 85.7%
Air Side Capacity, Btu/hr 21,500 25,460 39,130
COP (Total System) - 1,98 2.00 2.41
Refrigerant Mass Flow Rate, 1b/hr | 216 4838 7902
Compressor Suction, psia 42.9 61.6 96 .5
Compressor Suction, °F 20 11 33.8
Compressor Discharge, psia 180 259 308
Compressor Discharge, °F 212 178 172
Compressor Power, W 2712b 3253b 4291°¢
Indoor Fan Power, W 4744 47134 46949

(a) Estimated from compressor suction vapor demnsity.
(b) 1Includes outdoor fan power of approximately 340W.
(¢c) 1Includes outdoor fan power of approximately 320W.
(d) Includes control circuit power of approximately 40W.
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It was observed during the low temperature heating tests that large amounts of
composition shift could not be obtained without serious loss of subcooling.
The simplest solution to this problem and the one tested here is to instéll a
receiver in the liquid line which will remain filled with refrigerant at the
circulating composition during both cooling and high temperature heating when
subconling exists in the liquid line. During low temperature operation when
subcooling is lost such a receiver would trap bubbles, filling itself with
vapor and sending its liquid refrigerant to the accumulator where it would
effect a composition shift. This mechanism does require that subcooling be
lost, but only by a small amount which should result in a large composition
shift. Receiver emptying will not occur completely when subcooling is first
lost with the original circulating composition because the composition shift
to a greater amount of R13Bllwill result in a maintaining of saturation
conditions in the accumulator and stable, steady-state operating condition
with a partly emptied receiver. This is because the shift to a greater
concentration of RI3Bl increases vapor density moré than liquid density thus
increasing compressor capacity relative to expansion device capacity. Liquid

level in such a receiver could also be controlled by level sensors operating

an electric expansion valve as described by Young [14] instead of the fixed

orifice system described in this report.

The actual receiver used in these tests was an inverted oil separator with the
oil return line blocked. An inverted oil separator was used instead of a
normal receiver so that both inlet and outlet would be on the bottom resulting
in insensitivity to direction of flow. The voiume was 140 cubic inches which
would result in the filled receiver holding approximately 5.8 pounds of either

R22 or the 65% R13Bl, 35% R152 binary mixture if completely filled. This
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extra amount of refrigerant in the receiver during steady-state operations
resulted in a total system charge that would have overfilled the accumulator
during cyclic operstion. Since cyclic testing was not part of this study, no
additional system modifications (e.g., larger accumulator or liquid line

solenoid) were employed to correct this.

Since a 14 month period had passed since performance of the R22 baseline
tests, R2Z tests were rerun to reestablish the baseline for comparison to the
receiver installed tests. For all tests listed in Table 7, the unit was
charged in the cooling mode to 10°F superheat leaving the evaporator at the
95°F test condition. The cooling mode orifice used in charging with R22

was 0780 in I.D. The cooling orifice used for charging for the mixture tests

was .0820 in I.D. with the exception of the heating test performed with

the .0670 in I.D. orifice. This test was charged at 95°F using a .0807 in
I.D. orifice to insure that no flooding was occurring. The charging
composition was 65% R13B1/35% R152a. As is shown in Table 7, the performance
with R22, particularly at low temperature, had degraded in comparison to the
performance listed in Table 5. This is attributed to wear resulting from
particularly abusive testing during the 14 month hiatus in the binary
refrigerant research program. The most abusive of these tests involved cyclic
operation with the accumulator removed which would result in severe oil
dilution by refrigerant and consequent cylinder wear. Cylinder wear would be
expected to be most damaging to performance at the high compression ratios

associated with low temperature heating.
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Table 7. Summarized Results for Binary Mixture Heating Tests with Receiver and Comparable Tests with R22

Operating Compositiom, ZR13Bl or R22 R22 74.4
Alr Side Capacity, Btu/h 18,910 21,100
COP (Total System) 1.78 1.86
Refrigerant Mass Flow, lb/hr 2072 326®
Quality Leaving Condenser, %, ® 7.5 2.4
Compressor Suction, psia 44.1 50.9
Compressor Suction, °F 18.9 13.5
Compressor Discharge, psia 173.6 -7
Compressor Discharge, °F 205 179
Compressor Power, H,e ' 2632 2844
Indoor Fan Power, ",d 489 479

aRefrigeram: mass
b

Includes outdoor
“Includes outdoor

dIncludes control

47°F of Rating Condition

Expansion Device, I.D., In. 0650 L0571
Operating Composition, ZR13Bl or R22 R22 65.0
Air Side Capacity, Btu/hr 34,240 25,600
COP (Total System) 2.66 2.25
Refrigerant Mass Flow, 1lb/hr 329 322
Quality Leaving Condenser, 1,a 1.3 0
Compressor Suction, psia 70.5 54.9
Compressor Suction, °F 41.0 55.5
Compressor Discharge, psia 217 208
Compressor Discharge, °F 194 202
Compressor Power, H,b 3291 2860
Indoor Fan Power, W,d | 488 478

.0610
65.0

27,920

58.8
56.3
214
199
2976

478

.0635

65.8

30,820

2,51
407
0
65.0
54.0
223
190
3123

474

17°F of Rating Condition

75.7
21,100
1.86
3582
4.0
52.1
13.4
219
178
2844

480

76.0

21,020

1.85
340%
6.1
52.6
13.4
220
178
2853

479

.0650
65.2
31,570
2.54

412

66.4
56.3
225
196
3164

478

75.9
21,100
1.84
3392
6.0
53.3

14.1

180
2876

483

.0670
67.4
34,110
2.58
489

0

73.3
38.1

237

3396

77.5
21,600
1.82
374°
7.0
55.3
13.1

226

2997

flow and quality calculated from air side capacity and volumetric flow meter.

fan power of approximately 320W,
fan power of approximately 340W.

eircuit power of approximately 40V,

.0700
65.6
33,950
2.63

460

71.6
50.2
233
185
3310

477

77.1
21,060
1.83
343

6.7

181
2895

484

.0730
70.5
35,230
2.59

537

77.4
42.7
249
179
3988

478

14.5

181
2898
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At the 47°F operating condition (for the mixture tests), the receiver
prevented the unit from losing subcooling (indicated by the refrigerant
flowrate being listed as directly measured) by partially emptying into the
accumulator so as to enrich the circulating refrigerant with RI3Bl. The
smaller orifices resulted in severe performance loss at this temperature by
starving the evaporator. This loss with smaller orifices interferes with the
concept of choosing an orifice size such that most composition shift would

occur at a typical building balance point.
At 17°F, composition shift greater than that which occurred without the

receiver was observed and this resulted in improved capacity in comparison to

R22.
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6. DISCUSSION

The most highly publicized attribute of nonazeotropic mixtures, that of
;ariable temperature phase change and its associated minimal heat transfer
irreversibilities in a counter flow heat exchanger with a sensible heat sink
or sourée, seems to have rather limited application for direct working fluid
substitution in R22 sir-to-air heat pump hardware. Test results in this

study confirmed our model predictions that the saturation temperature decrease
due to the refrigerant fldw's static pressure decrease virtually of fsets the
increase in composition shift temperature in the evaporator. Thus, the bulk
temperature profile of the mixture in the evaporator is in fact more constant
than with R22, which has only the saturation temperature decrease phenomenon
occurring. Of course, in the condenser the mixture's composition temperature
and saturation temperature shifts are additive and a rather significant
refrigerant phase change temperature decrease results. However, current out-
door coil designs are typically single row wraparound resulting in almost pure
crossflow heat exchange. Furthermore, the reversing action of the
heating/cooling heat pump confounds the design problem of the heat exchangers

to be effective with mixtures.

Mixtures should be evaluated on a reliability basis as well as energy
performance. For the vapor compression cycle this usually means considerati&n
of the discharge pressure and temperature levels as well as the pressure
difference and ratio. - For a heat pump, the high-stress condition resulting
from high pressures and temperatures will occur during the highest condenser

operating conditions, which corresponds to the cooling mode.
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Table 3 summarizes some system temperatures and pressures for the cooling
mode. The 65%/35% mixture can be seen to produce suction pressures
substantially the same as R22., For this mixture the discharge pressure is
approximately 18 psia higher than R22 (and consequently the suction to
discharge pressure ratios are different). The pressure ratio was, on average,
7 percent higher than R22, The discharge temperature was, on average, 19°F
lower than with R22. Thus, when using a superheat leaving the evaporator as a
charging criterion, this mixture does not produce pressures significantly
higher than R22 and its lower discharge temperatures would likely more than

compensate for the slightly higher pressures in affecting system life.

The energy performance of the 65%Z/35% (R13B1l/R152a) mixture, charged in the
cooling mode to give a eimilar superheat as R22, was evaluated. The system
operated such that the accumulator was dry throughout the cooling mode which
meant no shift in composition was occuring. Cooling efficiency was 10 worse
than R22 at the 95°F test condition and 112 worse than R22 at the 82°F test

condition.

In the heating mode, it was observed that flooding into the accumulator caused
an increase in the mass concentration of RI3Bl in the circulating refrigerant
of up to 11 percentage points with the largest orifice used. As a part of
normal fixed orifice system operation, the subcooling was decreased with each
increase in orifice size until completely lost thus offsetting this potential
gain in capacity and efficiency at lower temperatures, A possible solution
for this loss in subcooling is an additional volume (e.g., a receiver) on the
high pressure side which could transfer refrigerant to the accumulator without

starving the condenser.
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In spite of the above control problem, which reduced the performance of the
binary refrigerant below expectations, a substantial improvement in low
temperature capacity in comparison to R22 was observed. Without the receiver
the binary refrigerant exhibited 6.3%Z more capacity at the 17°F rating point
than R22. With the receiver, the capacity was 14.27 better than R22. 1Im both
cases this improvement was the result of composition shift brought about by
the normal control by the expansion device (orifice). An additional
comparison with slight subcooling leaving the condenser and the binary
refrigerant artifically adjusted to give an 86% concentration of R13Bl (in
comparison to 73% without the receiver and 76% with it installed) resulted in

an 184% capacity improvement over R22.

The performance of the mixture (i.e., capacity and COP) is shown in figure 13
relative to R22. All of the tests had an initial charge composition of 65%
R13B1/35% R152a, which was the operating composition at 47 °F. The composition
shifted to 76%Z R13B1/24% R152a at 17°F. The performance results with the
receiver as shown in figure 13 have been increased before plotting by the
amount their comparable R22 tests had degraded during the previously mentioned
interuption in the test program. This composition shift caused less
reduction in low temperature performance than occurred with R22 at low
temperatures; that is, as the evaporator temperature is reduced, there is more
available mixture capacity relati§e to R22, The empirical results also show
a relative improvement in mixture efficiency performance in comparison to

R22.
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Figure 13.

| ' ' ! 85%
40 R13B1 |
B C =
36 | |
~ 65%
— R13B1
32 -
— .
28 KSSRegl
85% R13B1 egion of likely
operation for
[ R13B1/R152a 7
87.5% R13B1 binary
241 A R22 .
" 76% R13B1 O Binary -
.-
65% R13B1 e Computer
20 X simulation -
¥V Binary with
3.0+ : receiver .
65%
B R13B1
85%
2.6~ R13B1
2.2+ _
1.8 | 1

10 20 30 40 50 60
OUTDOOR TEMPERATURE (°F)

Comparison of binary refrigerant emergy performance to R22.

46



L

The improvement in comparison to R22 is understandable when the basic
properties of the refrigerants are considered. A review of the p-h diagram
[11] for the mixture indicates that while the latent heat decreases with
increasing percentage of R13Bl, the vapor density of the mixture increases
enough to more than compensate for this effect due to the higher vapor
pressure of R13Bl1 relative to Rl152a. Thus, an increase in R13B1l should result
in an increase in the product of vapor density times lateht enthalpy to which
capacity is approximately proportional for a compressor with a constant
volumetric flow rate (i.e., positive displacement machines). Also, as the
outdoor temperature decreaseé from 47°F to 17°F, the suction pressure does not
have to decrease as much to attain the necessary evaporator tempgrature
because of the composition increase in R13Bl. The discharge pressure also
increases with shifting composition but at a slower rate than the suction
pressure so that the (Pd/Ps) term, of which work is a function, does not
increase as much as does capacity when composition shift occurs; thus

efficiency also begins to increase relative to the value which would occur

without composition shifting.

Also illustrated on figure 13 are the results of the NBS mixtures/heat pump
simulation model [12]. The crosshatched band represents fhe region of likely
operation for this mixture. The capacity region.is bounded on the bottom by a
65Z R13B1/35% R152a circulating composition with & O°F superheat and a 2°F
subcooled condition for both the 47°F and 17°F. The top bound is an 85%
R13B1/15% R152a composition with the same operating conditions. These bounds
represent the optimum capacity this heat pump could produce with the
circulating compositions shown. In order to proceed through this region on

any path it is necessary to have full control of the expansion device, the
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composition and the charge. For example, the path between the 85% R13Bl point
at 47°F and the 87.5% R13B1 point at 17°F represents the fixed orifice andv
charge case; that is, the current heat pump operation. In this case, these
parameters (i.e.,, expansion device and composition) are not fully controlled
resulting in part load performance degraded from the optimum. For thiﬁ case,
there is an associated loss of subcooling when liquid storage occurs in the

accumulator, which might well be mitigated with an increase in initial charge.

In summary then, there appears to be an inherent trade-off when operating an
unmodified heat pump with R13B1/R152ea mixtures so &s to increase capacity at
lower temperatures. The trade-off is that as the evaporator pressure
decreases and begins to flood through to the accumulator and allows the
composition shift to occur, the subcooling on the high pressure side also
decreases and causes a decrease in the available latent enthalpy difference.
A possible solution to this problem might be to increase the amount of initial
charge. This would cause an increase in head pressure, which could be &
problem in the cooling mode. Another possible solution is to incorporate a

receiver in the system in the liquid line between the expansion devices.

The primary areas for future work with binary mixtures are the investigation

of additional mixtﬁres. consideration of the changeé neceésary for conventional
heat pumps to take best advantage of the characteristics of mixtures, and,
finally, the possibility of more advanced heat pump cycles. Other refrigerant
mixtures that have been frequently suggested are R22/R114, R12/R23 and

R22/R23. Equipment changes might include water—-to—air and water—to-water heat
pumps which would allow more ideal counter flow heat exchange. A control

scheme monitoring refrigerant level in a receiver as described in (14| may be
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useful for air-to—air applications. Since there is interrelation between
application, refrigerant properties, and equipment design some parallelism
between these different paths should occur. In fact the uncertainties in
predicting mixture properties at this time require that, after an initial
screenihg has beén made based on predicted properties, final evaluation must
be made in a realistically constructed machine operating at conditions of

application.
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7. CONCLUSIONS

The following conclusions can be drawn from this experimental study:

® Substitution of this particular mixture in an ummodified heat pump,
designed for R22 operation, resulted in improved low temperature, 17°F,
heating performance (up 6% in capacity, no change in efficiency) at the
expense of reduced high temperature heating (down 3% in efficiency) and

cooling (down 12% in capacity, 11% in efficiency) performance.

° The low temperature performance was further improved in comparison to
R22 by fitting a receiver (up 14% in capacity, 2% in efficiency) at the

17°F rating point.

° The expansion device size should be changed when the refrigerant mixture is
changed for one of different properties (liquid vs. vapor density), so as

to ensure that proper subcooling will be maintained.

° Efficiency improvement from the gliding temperature effect (Lorenz vs.
Carnot cycle) is unlikely in an air-to-air heat pump primarily because of
the cross flow design of most current heat exchangers. The gliding

temperature effect can be made successful in water-to-water applications.

° Capacity modulation through composition shift is a successful control

strategy that will increase seasonal performance in northern applications.

° No potential reliability or safety problems as a result of substitution of

the mixture for R22 were observed.
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Future work should be directed toward equipment redesign to better use the
characteristics of nmonazeotropic mixtures and to analysis of the
performance characteristics and potential of other mixtures than the one

tested for this report.
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APPENDIX. OBSERVATIONS ON EXPERIMENTAL TECHNIQUE
This section discusses the experimental techniques that were used for
refrigerant sampling for composition analysis, temperature measurement with

immersed thermocouples, and two-phase refrigerant mass flow rate estimation.

Two methods of refrigerant sampling were employed, liquid and vapor sampling.
Liquid sampling is appropriate for determining the contents of a cylinder or
for sampling from a subcooled liquid line of an operating heat pump. Liquid
sampling was done with a two chamber bottle consisting of a small chamber to
be filled with subcooled liquid and a large chamber separated by a valve to
allow expansion of the liquid into room temperature superheated vapor for
introduction into a gas chromatograph. This technique requires some knowledge
of the mixture composition so that these volumes may be correctly chosen to
allow complete expansion into superheated vapor. A pressure gage was found
useful to check for superheat after expansion. In some cases, if expansion
results in saturation it may be possible to revaporize the sample to a super-
heated vapor state in a hot water bath and then bleed the sample down to a
mass that will result in superheated vapor at room temperature. When
connecting the bottle to the sample ports, refrigerant should not be blown to
clear the line of air as this will cause composition shift in the line from
which the sample is to be drawn. Inclusion of air does not affect the ratio

of the two refrigerants as measured by the gas chromatograph.
When taking a vapor sample, vapor from a superheated line in the heat pump was

bled into the sample bottle until a pressure was reached that was adequate for

injecting the sample into the chromatograph but was well below saturation.
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In both sampling techniques, 0il should not be allowed to enter the bottle
since the different refrigerants will absorb into the oil in proportions
different from their circulating composition and will be rapidly released from
the oil in the low pressure of the sample bottle. Sampling tees, therefore,
should point upward, to avoid trapping oil., If a downward facing fittiﬁg must
be used for vapor sampling, vapor should be blown shortly before sampling to

clear the line.

As was discussed in Section 4, an attempt was made to read refrigerant
temperatures with immersed, through-the-wall thermocouples sealed into
hypodermic needles with epoxy. Epoxy failures prevented this from being a

technique worth recommendation.

For cooling tests, the majority of the data points at each ambient temperature
had subcooling and, thus, a valid measurement of refrigerant mass flow rate
using the turbine meter. This was used to calculate fhe ratio of mass fiow to
vapor density at the compressor inlet which ratio was then used to estimate

the mass flow for the remaining points at that same test condition.

The refrigerant mass flow for heating tests in which two-phase flow existed at
the flowmeter was calculated by assuming that the flowmeter correctly measured
volumetric flow and using the air side capacity to calculate the quality and

mass flow. The equation for R22 tests for calculating quality was:

Qpg = Vihgy - (xhy + (1 - ©)hp))/ (v, + (1 - x)vp) + Qg

where: Qpg = air side capacity, Btu/hr
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fan power, Btu/hr

O
'!j .
n

h;, = superheated vepor enthalpy entering condenser, Btu/1b

saturated vapor enthalpy leaving condenser, Btu/lb

&

hZ = paturated liquid enthalpy leaving condenser, Btu/lb

v, = saturated vapor specific volume leeving condenser, cf/1b
Ve = saturated liquid specific volume leaving condenser, cf/lb
\ = volumetric flowrate, cf/h

X = quality, mass % of vapor

and for calculating mass flow was:
Mass flow = V/(xv, + (1 - x)Vp)

For the binary tests a similar calculation was performed with the exception
that the computerized properties program returned two phase properties giving:
QAS = V(hin - hzo)/vzm + df and mass flow = V7v2ﬂ which were solved by

iteration.

The results given by this method were, for all reported tests, within 10% of
(and higher than) those given by ignoring the capacity contribution of the

refrigerant vapor and calculating the refrigerant mass flow as:

m = (Qqg -~ Qp)/(hj, - hy)

A detgiled discussion on the use of turbine meters in two phase flow is given

in [15].
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