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LABORATORY EVALUATION OF THE HEATING CAPACITY
AND EFFICIENCY OF A HIGH-EFFICIENCY,
AIR-TO-AIR HEAT PUMP WITH EMPHASIS

ON FROSTING/DEFROSTING OPERATION

W. A. Miller

ABSTRACT

A high-efficiency, air-to-air split-system residential heat pump of nominal 3-ton capacity -
was instrumented and tested in the heating mode under laboratory conditions. Performance
of the system was measured during steady-state, dehumidifying, and frosting-defrosting con-
ditions, with major emphasis placed on the dynamic frosting operation of the system. The
study encompassed an evaluation of system and component performance for ambient tem-
perature levels between 8.3 and —8.3°C (47 and 17°F respectively) and for discrete humid-
ity levels ranging from 50 to 90%.

The heat pump coefficient of performance (COP) and capacity, measured at 4.4°C
(40°F) as a function of time after system start-up, decreased with time because of frost
accumulation on the outdoor heat exchanger but increased with increasing ambient relative
humidity. At ambient temperatures less than 4.4°C (40°F), the COP and capacity degrada-
tions caused by frost formation increased with increasing relative humidity because of .
greater frost accumulation of the outdoor heat exchanger.

Experimental results revealed that both unnecessary and late defrosting operations occur
when a time-and-temperature defrosting control is used. Concepts of advanced defrosting
controls that could feasibly reduce both frosting and defrosting losses were developed from
experimental data. Frosting caused greater degradation of heating capacity than defrosting
did. Cumulative frosting loss coefficients were caiculated as a function of time, temperature,
and relative humidity and are applicable to modeling of frosting losses calculated in a sea-
sonal performance program.

1. INTRODUCTION

This report presents the results of dynamic frosting performance tests of a high-efficiency, air-
to-air heat pump. The work is the third experiment in a planned program of heat pump studies
which will be used in a combined experimental and analytical approach to improving heat pump
performance. The objectives of this experimental study, similar to those of two previous studies,'
are

1. to determine the base-case performance of the selected heat pump and the characteristics of
some of its components under both steady-state and frosting-defrosting conditions,

2. to measure experimentally the degradation of heat pump performance due to frost formation
on the outdoor heat exchanger, and

3. to measure the sensitivity of the performance parameters to variations in the refrigerant
charge.



The major emphasis of this third experiment is on operating the system under frosting condi-
tions. Both frosting of the outdoor heat exchanger and subsequent defrosting operations reduce the
efficiency and capacity of a heat pump; however, in past studies the frosting losses have received
much less attention than the defrosting losses. The accumulation of frost on the outdoor heat
exchanger increases the resistance to heat flow because of (1) the reduced airflow across the coil
and (2) the insulating effect of the frost. The accumulation of frost lowers the capacity of the out-
door heat exchanger, thus lowering system coefficient of performance (COP) and heating capacity.

This report presents an analysis of frosting as a function of air temperature and relative humid-
ity. The results provide a data base for formulation and validation of analytical models of seasonal
performance. The models can then be used to evaluate recommendations for candidate improve-
ments in heat pump design. :

Previous work has been conducted on “low-first-cost” and “middle-of-the-line” heat pumps.'*
This third series of tests was conducted on a high-efficiency, split-system air-to-air heat pump.> As
in previous tests, air loops were constructed for both indoor and outdoor units. In the outdoor loop
improvements were made in both temperature and humidity control.



2. SUMMARY AND RECOMMENDATIONS

The heat pump tested in these experiments yielded heating-mode performance data that agreed
well with the rated values published by the Air-Conditioning and Refrigeration Institute (ARI).
The ARI ratings and observed COP of the unit are shown in Table 1. The observed values are from
tests in which 0.6 m3/s (1273 cfm) of air was supplied to the indoor unit at 21.1°C (70°F) during
both high- and low-temperature tests. The outdoor air was conditioned to 8.3°C (47°F) during the
high-temperature tests and to —8.3°C (17°F) during the low-temperature tests. The outdoor air
relative humidity was maintained at 70% for both tests.

Under dry-coil conditions, the overall efficiency of the compressor and motor increased from
46% at —8.3°C (17°F) to 53.5% at 8.3°C (47°F). See Appendix A for a detailed display of
steady-state system peformance.

Table 1. Observed steady-state performance compared with
Air-Conditioning and Refrigeration Institute ratings

Observed Rated
Coefficient of performance® 2.95 3.1
Coefficient of performance’ 2.15¢ 2.1

Heating capacity,” kW (Btu/h) 9.6 (32,750)  9.96 (34,000)
Heating capacity,” kW (Btu/h) 5.3 (18,146)  5.27 (18,000)

9At 8.3°C (47°F).

’At ~8.3°C (17°F).

“Averaged over an 80-min frosting cycle; does not include
losses due to defrosting.

2.1 Heat Pump Performance Observed Using a Wet Evaporator Coil

Under nonfrosting dehumidifying conditions at the outdoor coil, a small improvement in heat
pump COP was observed as the moisture content of the outdoor air was increased. The time-
averaged COP, which was approximately 2.9 for the 8.3°C (47°F), 60% relative humidity condi-
tion, increased to 2.95 and 3.0 as the relative humidity was increased to 70 and 80% for subsequent
test runs. The corresponding heating capacities improved from 9083 W (31,000 Btu/h) to 9596 W
(32,750 Btu/h) to 9962 W (34,000 Btu/h) as the relative humidity was increased from 60 to 70 to
80%. Increasing the ambient relative humidity yielded higher rates of mass transfer of moisture and
thus higher latent heat contributions to the outdoor coil, which produced the improvement in COP
and heating capacity. .

2.2 Performance Observed at 4.4°C (40°F) Ambient Temperature

The heat pump COP and heating capacity, measured at 4.4°C (40°F) as a function of time
after system start-up, decreased with time due to frost accumulation on the outdoor heat exchanger.
However, the heat pump COP and capacity both improved by increasing the ambient relative hu-
midity above 70%. The COP improved from 2.75, observed at 60% relative humidity, to values
above 2.9 as the relative humidity was increased for subsequent test runs (Table 2). Similar trends
were aiso observed in the heating capacity.



Table 2. Performance observed at 4.4°C (40°F)

Relative COP  Heating capacity  Initial evaporator Onset of

humidity [kW (Btu/h)} wall temperature frosting®
(%) [°C (°F)] (min)
50 2.75 8.2 (27,846) —1.72 (28.9) nonfrosting
70 2.82 8.5 (29,200) —2.22 (28.0) 34
80 2.86 9.0 (30,808) —0.33 (31.4) 87
90 2.92 9.1 (31,168) 0.88 (36.6) 155

“Onset of frosting was observed for a wall temperature of approxi-
mately —2.7°C (27°F) for the 4.4°C (40°F) test runs.

The increase in mass transfer, due to higher moisture content of the air, yielded greater latent
heat contributions to the outdoor heat exchanger. The latent heat gain increased the total heat
transfer to the outdoor heat exchanger and produced the observed improvement in system perfor-
mance. The higher latent heat contribution also caused the evaporator tube wall teinperature to
increase, which delayed the onset of frosting (Table 2). »

2.3 Frosting Performance for Ambient Temperatures Less Than 4.4°C (40°F)

System performance did not improve when the relative humidity was increased for test runs con-
ducted at ambient temperatures less than 4.4°C (40°F). Increasing the relative humidity resulted in
higher rates of frost accumulation and therefore increased the rate of COP and capacity degrada-
tion for relative humidities of 70% and greater (Table 3). Reductions of COP and heating capacity
were on the order of 15 and 20%, respectively, for the —1.1 and 1.7°C (30 and 35°F) tests con-
ducted at 80 and 90% relative humidity.

Frosting of the outdoor heat exchanger was observed at 70% relative humidity for ambient tem-
peratures ranging from 4 to —1°C (40 to 30°F). For relative humidities greater than 80%, frosting
of the outdoor heat exchanger was observed for all temperatures investigated.

Typical frosting data and system performance observed for the 1.7°C (35°F) tests are tabulated
in Appendix A as a function of run time.

Table 3. Degradation of system performance due to
frosting of the outdoor heat exchanger

Ambient Relative COP Heating capacity Duration
temperature  humidity (Btu/h) of test
[°C (°F)] (%) Initial  Final Initial  Final {min)
1.67(35) = 70 2.73 2.13 27,740 19,000 140
1.67 (35) 80 2.76 2.18 28,977 19,900 65
1.67 (35) 90 2.61 2.15 27,782 19,900 55
—1.11 (30) 70 2.54 2.16 23,800 19,500 163
—1.11 (30) 80 2.75 2.11 27,502 19,300 54
-—1.11 (30) 90 2.63 2.04 26,138 18,000 54
—6.67 (20) 70 2.23 2.15 - 20,399 19,500 158
—6.67 (20) 80 2.19 2.17 20,954 18,800 91

—6.67 (20) 90 2.32 1.81 21,672 15,000 84




2.4 Frosting and Defrosting Losses

The frosting and defrosting losses were insignificant for all ambient conditions having relative
humidities less than 70%. The frosting losses, however, did increase significantly for ambient tem-
peratures less than 4.4°C (40°F) that had relative humidities greater than 70%. Also, the frosting
losses yielded greater reductions in heating capacity than did the defrosting losses, as typified by
results of the —1.1°C (30°F) frosting tests listed in Table 4. Frosting of the outdoor heat
exchanger produced a 16% degradation* in heating capacity for tests conducted at —1.1°C (30°F)
with relative humidities of 80 and 90% respectively. Chilling of the indoor air stream during
defrosting further degraded the capacity output by an additional 8%. Slightly larger degradations in
COP vs heating capacity (Table 4), due to defrosting, were caused by usage of auxiliary heat to
temper the chilled indoor air stream.

The results of all frosting tests revealed that frosting of the outdoor heat exchanger caused signi-
ficant degradation of heating capacity and COP. Also, the use of auxiliary heat during defrosting
periods caused significant degradation of COP. A seasonal performance analysis needs to be done
for the magnitude of frosting and defrosting losses; this analysis could suggest the need for future
research directed toward reduction of these losses in heat pump operation.

Table 4. Degradation of performance due to frosting and defrosting
for an ambient temperature of —1.1°C (30°F)

Relative Test cop ACOP AQH*
humidity  duration quasi fr*  fr/def® fr def? fr def
(%) (min)  steady state (%) (%) (%) (%)
70 163 2.54 2.35 2.24 7.50 4.33 6.33 2.00
80 54 2.75 2.43 2.00 11.73 15.41 15.52 8.06
90 54 2.63 2.32 1.87 11.88 17.20 16.76 9.15
*fr — Performance measured over duration of respective test, not including defrosting
operation.
®fr/def — Performance measured over duration of respective test, including defrosting
operation.

‘A(COP, QH) — Percentage breakdown of frosting and defrosting based on quasi-
steady-state COP and QH as determined from each temperature and relative humidity
test run.

ddef — Performance during defrosting period including chilling of indoor air, 5-kW
auxiliary level.

2.5 Adequacy of Defrosting Controls

The time-and-temperature defrosting control is used by the majority of heat pump manufactur-
ers. A timing cam can be set to operate on a 30-, 45-, or 90-min cycle and will initiate a defrosting
cycle 10 min prior to completion of a given cycle provided the refrigerant temperature at the inlet
to the evaporator is less than —2.2°C (28°F) for this particular heat pump.

Experimental results show that the 90-min cycle allows defrosting operations too infrequently
for proper control of frost accumulations. The outdoor heat exchanger was observed to be 90%

*Degradations in COP and heating capacity as caused by frosting were calculated using, as a base, COP
and heating capacity values that were extrapolated to the commencement of each frosting test.



blocked by frost within 50 min of frosting operation for relative humidities greater than 70% and
ambient temperatures between —1.1 and 1.67°C (30 and 35°F). Reducing the period of the cycle
would alleviate severe frost buildups, but shorter cycles would increase the number of needless, or
faise, defrosting operations. An unnecessary defrosting operation at 4.4°C (40°F) yielded a 2.5%
reduction of steady-state COP and a 1.2% reduction in heating capacity. Although these losses are
minimal, repetitive defrosting operations could possibly be more detrimental to performance than
severe frosting of the outdoor heat exchanger. Either situation would increase wear on the compres-
S0f. .

A demand defrosting device sensing the temperature difference between ambient air and the
evaporator tube wall or refrigerant temperature would eliminate needless defrosting operations. The
demand sensor would also control heavy frost accumulations on the outdoor heat exchanger better
than the time-and-temperature defrosting sensor does. A comparative analysis of frosting losses,
listed in Table 5, was made using experimental data and simulating both demand defrosting logic
and time-and-temperature defrosting logic. The demand defrosting logic was based on an experi-
mentally observed 8.3 C° (15 F°) temperature difference between ambient air and evaporator tube
wall temperature, and the time-and-temperature logic was based on a 90-min cycle with previously
mentioned temperature initiation and termination points.

Comparison of defrosting logics reveals that frosting losses are nominally 30% less for the
demand scheme than for the time-and-temperature scheme. Using the demand defrosting logic obvi-
ously offers potential improvement in seasonal performance, but a seasonal performance analysis is
needed for complete evaluation of the superiority of defrosting logics.

Table 5. Frosting losses incurred as a function of defrosting sensor scheme

. . Loss (%) in Loss (%) in cumulative Elapsed time (min)
Ambient Relative average COP heat output . prior to defrosting
temperature  humidity p- p - P - p

© [°C (°F . % me an ime an : ime an
e (%) Demand temperature Demand temperature Demand temperature®
1.67 (35) 70 1.89 4.66 4.13 7.80 ~55 80
1.67 (35) 80 7.48 10.87 11.15 16.30 44 Blocked®
1.67 (35) 920 5.06 8.28 8.16 13.90 . 32 Blocked
—1.11 (30) 70 5.43 432 2,93 0.81 ~118 80
—1.11 (30). 80 9.32 11.73 12.23 15.52 42 " Blocked
~-1.11 (30) 90 7.06 11.88 9.53  16.76 30 Blocked
%90-min cycle. |

¢ Approximately 90% of the outdoor coil was blocked with frost; however, air was able to pass over the top of
the coil.

2.6 Effect of Refrigerant Charge on System Performance

Heating-mode refrigerant charge tests were performed while the system operated under an
8.3°C (47°F) ambient temperature and 55% relative humidity. The addition of 0.45 kg (1 1b) of
refrigerant charge over the design charge of 4.73 kg (10 1b 7 oz) yielded a slight improvement in
system performance. The COP, heating capacity, and outdoor heat exchanger capacity all increased
by approximately 2% over their performances at design charge level.



The variation of the refrigerant charge from 0.23 kg (0.5 1b)* less than the design charge to
0.68 kg (1.5 1b) more than the design charge had little effect on refrigerant conditions or system
performance. This insensitivity is due to an observed backup of refrigerant in the indoor heat
exchanger caused by the throttling action of the thermostatic expansion valve in the outdoor unit.
The addition of charge above 5.4 kg (12 Ib) would eventually resuit in reductions of heating capac-
ity yielding a loss in COP.

2.7 Effect of Airflow on Frosting

In a study conducted for the Edison Electric Institute, Sepsy and Winchell observed a reduction
of frost accumulation on a plate and fin heat exchanger as the airflow was increased.* Their tests
were conducted at 4.4°C (40°F) and 90% relative humidity, conditions identical to those of tests in
which the onset of frosting was delayed on the spine fin heat exchanger. The similarity of results
suggests the possibility of retarding frost formation by increasing the air velocity across the outdoor
coil for ambient temperatures at 4.4°C (40°F). There is an excellent chance of eliminating frosting
at the 4.4°C (40°F) temperature level by increasing the airflow across the outdoor heat exchanger,
thus narrowing the frosting range and improving the performance of the system at this temperature
level. However, further experimentation is needed to observe the effect of increased airflow on sys-
tem performance under more severe frosting conditions and under steady-state conditions.

*This amount of charge still allowed a liquid seal at the inlet to the thermostatic expansion valve and also
enabled refrigerant-side heat balances to be performed.



3. EXPERIMENTAL FACILITY

3.1 Experimental Setup

The split-system heat pump used in the experimental study was installed in two separate air
loops, one loop housing the indoor unit and the other housing the outdoor unit. Figures 1 through 4
show the individual loops. '

Each loop was constructed of glass-fiber duct board backed by aluminum for structural strength,
and sharp-edged orifice plates were installed to measure the airflow across each unit. Thermocouple
grids were used to measure the average air temperature entering and exiting each individual unit.
Moisture content was varied in the outdoor unit air loop by injecting steam into the loop airstream
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and by using instrument air (dry air) to lower the moisture content for low-humidity test runs.
Relative humidity was measured by two hygrosensors: one sensor used for humidity control was
positioned at the entrance of the outdoor unit, and another sensor was placed just downstream of
the outdoor unit. A centrifugal fan, driven by a variable-speed motor, was placed in series with the
fan of the outdoor unit to maintain a zero static pressure drop across the outdoor unit and thus
simulate free-flow conditions. Air temperature within the outdoor loop was tempered by using auxil-

" iary heaters powered by a variable voltage transformer, and the outdoor air was cooled by the out-

door unit.

4.
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3.2 Heat Pump

The heat pump selected for this study has one of the highest efficiency ratings commercially
available. The one-row spine fin outdoor heat exchanger has two parallel refrigerant circuits. The
indoor coil is of the more common tube-and-plate fin construction. Liquid refrigerant is throttled in
the heating mode by a thermostatic expansion valve and distributor tubes. The control bulb for the
expansion valve is attached to the suction line of the compressor, and the external equalizer is
located at the evaporator exit. This design increases the capacity of the outdoor coil by allowing a
greater refrigerant flow through the heat exchanger, as compared to the conventional control bulb
placement at the external equalizer. The placement of the bulb also protects it during cooling-mode
operation, when superheated refrigerant flows through the outdoor coil.

The heat pump has no suction-line accumulator, and the automatic defrosting control is based
on the inlet evaporator refrigerant temperature and an e¢lapsed time control. The salient features of
this heat pump are listed in Table 6. The efficiencies of both indoor and outdoor fans were calcu-
lated from experimental data and are listed below.

Ambient Indoor fan  Qutdoor fan
temperature efficiency efficiency
8.3°C (47°F) 17.8% 8%

—8.3°C (17°F) 19.8% 7.9%

Table 6. Features of tested heat pump

Feature Description
Refrigerant R-22 (chlorodiftuoromethane)
Compressor Capacity, 10.4 kW (35,500 Btu/h)

Displacement, 60.6 cm” (3.7 in.})
Hermetically sealed

Outdoor heat exchanger  Aluminum spine fin, 20 fins/in.. with 1/2-in. inner
diameter aluminum tubing
Two paraliel refrigerant circuits
1.63-m* (17.5-t%) face area

Outdoor fan Three-blade propeller
0.56-m (22-in.) diameter, ! /6-hp motor
Direct drive
Nominal m*/s = 1.32 {¢fm = 2800)
Indoor heat exchanger Aluminum plate fin, 13 fins/in., with 1/2-in. inner

diameter copper tubing
Three rows deep with two parallel refrigerant circuits
0.32-m" (3.44-ft°) face area

Indoor fan Centrifugal. 0.25-m (10-in.) diameter by 0.2-m
(8-in.) width
Direct drive
Three speeds
1/3-hp motor

Controls Combination of expansion valve and capillary tubes
for heating
Expansion valve for cooling
Time/temperature defrosting control
Four-way reversing valve

“Rated at 48.8°C (120°F). condenser: 7.2°C {45°F), evaporator; 21.1°C
(70°F). suction: and 8.3°C (15°F), subcooling.
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3.2.1 Refrigerant Temperature and Pressure Measurements

The heat pump was instrumented at various locations for the measurement of refrigerant tem-
peratures and pressures. Figure 5 illustrates the location of all refrigerant loop temperature and
pressure sensors. The description of each measurement, correlated to Fig. 5, is listed in Table 7.
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Table 7. bTemperature and pressure sensors, refrigerant circuit

Sensor

- Description of data taken

Temperature |
Temperature 2
Temperature 3
Temperature 4
Temperature 5

Temperature 6
Temperature 7
Temperature 8
Temperature 9
Temperature 10

Temperature 26
Pressure |
Pressure 2
Pressure 3

Pressure 4

Pressure AP
Pressure AP2

‘Suction inlet to compressor shell
Discharge line exit from compressor shell
Entering reversing valve (discharge line)
Exit of reversing valve (discharge line)
Inlet to indoor coil

Outlet to indoor coil

Inlet to thermostatic expansion valve
Qutlet of thermostatic expansion valve
Inlet to outdoor coil (exit of capillaries)
Qutlet to outdoor coil

Inlet to turbine meter

Inlet to compressor shell (between compressor

and reversing vaive)
Compressor shell outlet
Inlet to thermostatic expansion valve
Outlet from thermostatic expansion valve

Pressure drop across indoor coil
Pressure drop across outdoor coil
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3.2.2 Alterations to Heat Pump Electrical Circuit

The heat pump electrical circuit was altered to allow manual control of the compressor, outdoor
fan, and indoor fan, as shown by the encircled numbers in Fig. 6. Manual switch 1, connected
across terminals Y and R, will energize the motor contactor relay, which in turn closes the motor
contacts MS-1 and MS-2 and allows the flow of electrical power to the compressor run and start
windings. A high-pressure cutoff switch (point 2) is connected in series with the compressor manual
switch for the protection of the compressor in case of accident or human error. To defrost the heat
pump, the reverse cycle switch (point 3) between terminals O and R is energized and the outdoor
fan switch (point 4) is opened. The defrosting cycle is terminated by reversing the above procedure,
opening the reverse cycle switch, and closing the outdoor fan switch.

3.3 Instrumentation

3.3.1 Data Acquistion System

The data acquistion system (DAS), shown in Fig. 7, consists of a Digital Equipment Corpora-
tion (DEC) PDP-8E digital computer with an 8K word memory, a Vidar integrating digital volt-
meter with an ohms converter, and a reed relay scanner. The programs used by the computer were
written in a version of the FOCAL language modified locally to facilitate data acquisition. The
computer displays instantaneous heat pump status and performance, allowing the observation of any
drifts in performance and/or heat pump system malfunctions. For these experiments, the DAS
scans all performance parameters and computes averages on a predetermined number of refrigerant
flow rate cycles.* The averaged values are then printed and punched on tape for later use in data
reduction.

3.3.2 Refrigerant Flow Measurements

Two variable-area flowmeters (rotameters) were used for visual observation of the refrigerant
flow rate during cooling- and heating-mode operation. Spring-loaded check valves were installed at
the entrance and exit of each rotameter to ensure operation of one rotameter during the heating
mode and the other during the cooling mode. The check valves produce a pressure loss of about 6.9
kPa (1 psi) per valve, which has a negligible effect on refrigerant subcooling and accounts for only
2% of the refrigerant throttling between condenser and evaporator.

A turbine meter was used to measure and record refrigerant flow rates during heating-mode
operation. The meter was selected to operate in its linear range for a flow rate varying from 0.75 to
3 L/min (0.2 to 0.8 gal/min) during heating-mode operation. The meter is linear to within £0.5%
of the reading for the above range in flow rate. Operating at full capacity, the maximum pressure
drop of 20.7 kPa (3 psi) observed through the meter accounts for only 3% of refrigerant throttling.

3.3.3 Temperature Measurements

Copper-Constantan and Chromel-Alumel thermocouples were used for refrigerant and air tem-
perature measurements. Floating reference junctions, previously described by Domingorena,'> were
used to measure all system temperatures. The voltage output of each thermocouple circuit is con-
verted to engineering units of temperature by the DAS (Sect. 3.3.1) using simple algorithms.

*The refrigerant flow cycles are further discussed in Sect. 11.3.
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Thermocouples sensing refrigerant temperatures were clamped to refrigerant lines and covered
with foamed elastomer insulation. Air temperatures were measured by grids of evenly spaced ther-
mocouples electrically connected in parallel. Care was taken to make the lead wires of all the ther-
mocouples of equal length to avoid error in air temperature measurement. This arrangement
allowed the measurement of average air temperature at the duct cross section.

3.3.4 Pressure Measurements T —

Refrigerant pressures were measured by dynamic-response pressure transducers powered by an
external, constant voltage source. The output of each cell was monitored by the DAS and converted
to absolute pressure values by the following general expression:

where

V = transducer output, mV,
G = gain, or slope of pressure vs mV calibration curve;
B = bias, or reference datum for P,
Bourdon gages were used periodically to check the accuracy of the pressure transducers.

‘Pressure drops across the heat exchangers were monitored by differential pressure transducers.
These transducers produce a 10- to 50-mA DC signal that is proportiohal to the differential pres-
sure. A 200-Q precision resistor is placed in series with the current output; the voltage drop across
this resistor is then monitored by the DAS for conversion to pressure measurement.

3.3.5 Electrical Power Consumption

Thermal-watt converters were used to measure the power consumption of the compressor, out-
door fan, and indoor fan. These thermal converters contain an electrical circuit in which the differ-
ence of power dissipated in two heaters is proportional to the power measured. The voltage output
of the converter, monitored by the DAS, is a linear function of power from which values of instan-

taneous power consumption can be obtained.

3.3.6 Humidity Measurements and Control

The hygrosensors used to measure relative humidity within the outdoor air loop were compared
to humidity measurements observed using a sling psychrometer. Both sensors measured relative
humidity levels to within a tolerance of 2% of sling psychrometer measurements for an ambient
temperature of 21°C (70°F).

The humidity sensor just upstream from the outdoor unit (Fig. 2) was used in a feedback con-
trol system, shown in Fig. 8, to maintain a constant relative humidity level within the outdoor air
loop. The humidity measurement of the sensor is compared to a set point value of relative humidity
by the DAS, which calculates the required compensation signal output and energizes either con-
tact 1 or contact 2. The DAS then monitors the output of the operational amplifier and opens
the energized set of contacts once the calculated voltage output has been obtained. A voltage-to-
current converter and a current-to-pressure converter transfer the signal output to an air pressure
signal. The 2- to 90-kPa (3- to 13-psi) signal actuates a control valve, which regulates the injection
rate of steam to the air loop.
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3.4 Experimental Procedure

3.4.1 Steady-State Tests

Steady-state testing commenced once the heat pump had achieved proper indoor and outdoor
ambient conditions. The DAS was then enabled to monitor and record all performance parameters
listed in Table 7 plus power consumptions and refrigerant mass flow rates. For outdoor tempera-
tures of 2 and —1°C (35 and 30°F) and relative humidities greater than 70%, frosting of the out-
door heat exchanger had begun prior to data collection. Thus, direct measurement of steady-state
performance at these temperature and humidity levels was unobtainable. The steady-state perfor-
mance was extrapolated to the start of each test from the slope of the curves representing reduced
test data per respective temperature and relative humidity test run.

3.4.2 Frosting Tests

Frosting tests (Table 8) were performed to observe the effect of relative humidity and tempera-
ture on heat pump COP and capacity. The time of frost initiation and the duration of each frosting
test were noted for each test run. The DAS was again used to monitor and record performance
parameters identical to those monitored and recorded in steady-state tests. The airflow across the
outdoor unit was also recorded and used as the criterion for defrosting of the heat exchanger in the
outdoor unit. If the airflow was reduced by at least 50% of its nominal value [1.32 m3/s
(2800 ft*/min)] by frost buildup, the defrosting cycle was manually initiated. (The automatic
defrosting control installed in this heat pump was bypassed in order to observe the effects of severe
frost accumulations on the heat exchanger of the outdoor unit.)
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Table 8. Frosting test ambient conditions

Outdoor air Outdoor air loop
temperature? relative humidity

[°C (°F)] (%)

8.3 (47) 50 70 90

44 (40) 50 60 70 80 90
1.67 (35) 50 60 70 80 90
=111 (30) 50 60 70 80 90
—6.67 (20) 60 70 80 90
—-833 (17 60 70 80 90

“Indoor air temperature held at 21.1°C
(70°F).

3.4.3 Defrosting Test Procedure

Defrosting tests commenced at the termination of each frosting test. The time required for
defrosting was noted, and instantaneous values of compressor power consumption, compressor high-
and low-side pressures and temperatures, and the refrigerant temperature leaving the outdoor heat
exchanger were monitored and recorded at 8-s intervals by the DAS. Upon completion of the
defrosting cycle, the heat pump was manually restored to heating-mode operation.

3.4.4 Charging Tests

The charge variation tests specifically dealt with the influence on system performance of refrig-
erant charges other than the nameplate charge 4.73 kg (10 1b 7 oz) and were performed while the
system operated at a 8.3°C (47°F) ambient air temperature and 55% ambient relative humidity.
The indoor return air was maintained at 21°C (70°F). The refrigerant charge was varied from 4.3
kg (9.5 Ib), the minimum amount required for elimination of two-phase flow at the condenser exit,
to 5.4 kg (12 Ib). Performance data were recorded after each 0.1-kg (4.0-0z) addition of refrigerant.

3.4.5 Data Collection Procedure Using DAS

The DAS data-reduction program was designed to monitor all heat pump performance parame-
ters over a prescribed number of cycles of the refrigerant flow rate. All performance parameters,
listed in Table 7, were monitored every 7 s to obtain representative time-averaged values of system
performance. Special data acquisition procedures monitoring data over an integral number of oscil-
lations of refrigerant flow rate were necessary because the hunting behavior of the thermostatic
expansion valve (Sect. 11.3) caused a somewhat regular cyclic variation in refrigerant flow rate. In
Appendix B, the block diagram of the data reduction program displays the method used in monitor-
ing, averaging, and reducing all data during operation of the system.

The data reduction program incorporated in the DAS was also designed to monitor outdoor. coil
wall temperatures. The program was modified by feeding an encoded tape to the DAS which
changes the data indices as required to monitor outdoor coil temperatures. These data points are
scanned every 8 s, and averaged outdoor coil temperatures are recorded on the teletypewriter and
encoded on punched paper tape at the end of an integral number of refrigerant flow cycles.



4. DATA REDUCTION CALCULATIONS

The recorded experimental data were transferred to a DEC PDP-10 computer for use in a more
extensive data reduction program.

4.1 Air- and Refrigerant-Side Heat Balances

Calculations of air- and refrigerant-side heat balances performed around the indoor heat
exchanger were in good agreement. The air-side heat flows were lower than those for the refrigerant
side by approximately 5% of the refrigerant heat balance. The error is probably due to nonuniform
airflow and air-temperature stratification within the air duct. Air- and refrigerant-side COP calcu-
lations were made by dividing the corresponding heating capacity by the total power consumption of
the heat pump. The refrigerant-side heating capacity used here is defined as heat rejected by the
refrigerant in the indoor heat exchanger plus heat from the blower motor.

4.2 Conductance Coefficients

Overall thermal conductance coefficients (UA) were calculated for both dry and wet evaporator
coils. Under wet-coil conditions, the net heat exchange to the outdoor heat exchanger is due to both
heat and mass transfer. Experimental results for a wet outdoor heat exchanger have shown that
mass transfer directly affects heat transfer. The change in magnitude that mass transfer causes in
- heat transfer can be observed by comparing the sensible and effective U4 coefficients calculated for
a wet spine fin heat exchanger.

4.2.1 Sensible Conductance Coefficients

The sensible conductance UA coefficients from air to tube wall and from air to refrigerant were
calculated on the basis of logarithmic mean temperature difference (LMTD). The outdoor heat
exchanger is of a cross-flow arrangement in which the refrigerant fluid is mixed and the air is
unmixed. The refrigerant specific heat varies from inlet to outlet of the outdoor heat exchanger, and
the refrigerant remains a saturated mixture through approximately 90% of the total heat exchanger.
Since there is no noticeable change in refrigerant temperature within the two-phase region of the
~ outdoor heat exchanger, the LMTD is suitable for calculation of the UA coefficient for the two-
phase region of the outdoor cross-flow heat exchanger.

These UA coefficients for sensible heat transfer from air to tube wall and from air to refrigerant
are calculated as follows:

Os/( TA, - TAZ)

UAg-w = In (T, — TWAT, — Tyl ,

Qs/(TAx - TA:)

VAR = T (Ta = TolTa = To]




20

where

UA,.w = sensible conductance coefficient from air to tube wall,

UA, - = sensible conductance coefficient from air to refrigerant,
T4 = inlet air temperature to outdoor unit,

T, outlet air temperature to outdoor unit,

Tw = average wall temperature over two-phase region of outdoor coil,
Tx = bulk refrigerant temperature in two-phase region of outdoor coil.

4.2.2 Heat and Mass Transfer U4 Coefficient

Under dehumidifying conditions, the heat flow to the outdoor heat exchanger is due to both heat
and mass transfer. Under these conditions the driving potential for heat flow is no longer a tem-
perature difference; rather, it is a moist air enthalpy difference. The overall effective UA coefficient
from air to tube wall is therefore calculated through use of a logarithmic mean enthalpy difference
(LMHD). The LMHD is identical in form to the LMTD: '

- HAI - HA?
LMHD = : )
In [(Hy — Hwprsar)/(Hq, — Hwrsar)l

where

Hw rsar = a fictitious saturated moist air enthalpy calculated at the
evaporator wall temperature,

H4 = inlet moist air enthalpy,

H, = outlet moist air enthalpy.

The effective UA coefficient is then calculated using the following equation:
UAeff = QR/LMHD : Cpun ’

where Cp, = moist air specific heat.

The effecnve UA coefficient is defined here as a product of the moist air specific heat and the
quotient of Qr/LMHD. This definition yields similarity of units for comparison of trends in sensible
“and effective UA coefficients.



5. EXPERIMENTAL RESULTS — NONFROSTING OPERATION

The heating-mode performance of a heat pump is usually characterized by the COP and the
heating capacity. These quantities are functions of the outdoor heat exchanger capacity, which is, in
turn, dependent on the driving potentials of ambient temperature and humidity levels. System per-
formance will be examined in terms of these driving potentials for ambient conditions that allow for
a dry evaporator surface, those that produce a wet surface, and, finally, those that produce frosting
on the coil. The results of these analyses for dry and wet coils will be combined to seek an under-
standing of the transient operation under frosting conditions.

5.1 Steady-State System Performance with a Dry Outdoor Coil

The COP, heating capacity, and outdoor heat exchanger capacity increased linearly with
increasing ambient temperature under dry-coil conditions, as characterized in Fig. 9. The system
COP increased from 2.12 at —8.3°C (17°F) to 2.9 at 8.3°C (47°F); the heating capacity increased
from 5.51 kW (18,800 Btu/h) at —8.3°C (17°F) to 9.14 kW (31,190 Btu/h) at 8.3°C (47°F). The
steady-state data used in calculating this system performance are tabulated in Appendix A.

5.1.1 Steady-State Compressor Performance

The divergence of heating capacity and outdoor heat exchanger capacity increased linearly with
increasing ambient temperatures. Augmenting the outdoor ambient temperature resulted in larger
air-side-temperature driving potentials, which then led to increased evaporator refrigerant tempera-
ture and pressure and thus increased refrigerant density at the compressor inlet (Figs. 10 and 11).
Because the compressor is essentially a constant volume pump, the increase in inlet refrigerant den-
sity led to an increase in both refrigerant flow rate and compressor power consumption, as shown in
Fig. 10. The rate of increase in refrigerant mass flow rate is greater than the rate of increase in
compressor power consumption and is reflected in the higher COP and compressor efficiencies at
the higher ambient temperatures. Figure 10 shows that the compressor efficiency* improved from
46% at —8.3°C (17°F) to 53.5% at 8.3°C (47°F).

5.1.2 Normalized Steady-State System Analysis

The compressor power, refrigerant mass flow rate, and refrigerant conditions at the compressor
inlet are directly related to the outdoor ambient temperature displayed by the normalized plots in
Fig. 12. This analysis, utilizing observed system performance at 8.3°C (47°F) as characteristic
values, reveals the direct relationship of evaporator heat gain to the overall system performance.

These normalized plots will be helpful in explaining the observed trends in system performance
under wet-coil, nonfrosting conditions and under dynamic frosting conditions. The slopes of refrig-
erant mass flow rate and compressor power consumption (Fig. 12) indicate that the rate of work
per unit of mass flow rate increases as the ambient temperature decreases. The increase of work per
unit of mass flow rate for decreasing ambient temperature results in an inverse relationship between

*Compressor efficiency is defined here as the ratio of isentropic compressor output (measured at the shell
outlet) to the measured power input.
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Fig. 12. Normalized system analysis.

refrigerant temperature and pressure at the compressor exit port (Fig. 11). As the ambient tem-
perature lowers, the discharge refrigerant temperature increases because of a greater work input to
the refrigerant. However, lowering the ambient temperature vields a decrease in refrigerant pressure
and density at the compressor inlet. Lower refrigerant flow rates then result, producing a decrease
in discharge pressure. This inverse relationship between temperature and pressure at the compressor
exit port yields a decrease in both discharge superheat and refrigerant enthalpy as the ambient tem-
perature increases over the temperature ranges shown in Fig. 11.



26

5.2 The Effect of Relative Humidity on Heating-Mode Performance

System COP and heating capacity improved slightly under conditions of high humidity in the
nonfrosting range. With an 8.3°C (47°F) ambient air temperature and a relative humidity of 60%
or more, the outdoor coil surface temperature is below the dew poiht of the air but above the freez-
ing point of water. Thus, the coil is wet but not frosted. As shown in Fig. 13, the average COP at
this temperature was observed to increase from 2.9 to 2.95 and 3.05 as the relative humidity was
increased by increments of ten percentage points from 60 to 80%. The corresponding heating capac-
ities were 9.14, 9.64, and 10.0 kW (31,200, 32,900, and 34,200 Btu/h); see Fig. 14.

These test results reveal the effect of moisture content of the outdoor air on heating-mode
steady-state performance. Hence, the basis of comparison for frosting losses will be made using

of a Wet Outdoor Heat Exchanger

steady-state data per respective temperature and relative humidity test level.
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5.2.1 Influence of Mass Transfer

The improvements in COP and heating capacity are the result of an increased outdoor heat
exchanger capacity (Fig. 15). For a constant dry-bulb temperature, an increase in the relative hu-
midity yields higher rates of mass transfer and an increased latent heat contribution to the outdoor
heat exchanger. At the completion of the 60% relative humidity test run, 1.33 L (0.35 gal) of con-
densate were collected, and 3.19 and 11.48 L (0.84 and 3.03 gal) of condensate were collected after
the 70 and 80% humidity tests respectively. The increased amount of collected condensate therefore
verifies the increase of mass transfer to the outdoor heat exchanger, which produced the increased

wall temperature shown in Fig. 16.

1

CAPACITY (kW)
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5.2.2 Thermal Conductance for a Wet Evaporator Coil

Under nonfrosting wet-coil conditions observed at 8.3°C (47°F), the sensible and effective UA
coefficients increased for relative humidities greater than 70% (Fig. 17). The sharp increase in the
effective UA is due to the increased mass transfer for ambient conditions greater than 60% relative
humidity. During the 70 and 80% relative humidity tests, droplets of water were observed adhering
tn the spine fins of the outdoor heat exchanger. These water droplets may have a roughness effect,
as suggested by McQuiston,” which would induce a mixing or turbulence of the air stream travers-
ing the free-flow area of the outdoor heat exchanger. The increased turbulence would produce
larger air-side convection coefficients yielding the increase in the sensible UA coefficients.

For the 8.3°C (47°F) wet-coil tests, the outdoor volumetric airflow decreased from a nominal
value of 1.19 m*/s (2515 ft*/min) at 60% relative humidity to values of 1.17 m3/s (2475 ft*/ min)
and 1.15 m?/s (2440 ft>/min) for the 70 and 80% humidity tests. The slight reduction of airflow
coupled with a decrease in the free-flow area for a wet-coil could result in an increase in the linear
velocity and Reynolds number of the air traversing the coil. An increase in the air velocity travers-
ing the coil would then yield higher air-side convection coefficients.

It is also plausible, as suggested by Yamakawa, Takahashi, and Ohtani,® that the condensation
of water vapor onto the outdoor heat exchanger would heat the thermal boundary layer. The latent
heat contribution heating the thermal boundary layer would then cause the layer to become thin,
thus increasing the heat transfer coefficients.
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6. EXPERIMENTAL RESULTS — FROSTING CONDITIONS
AT 4.4°C AMBIENT TEMPERATURE

6.1 Performance Observed at 4.4°C (40°F) with Relative Humidities Less than 70%

The dry-coil COP observed at 4.4°C (40°F) and 50% relative humidity was approximately 2.75,
and the heating capacity at this condition was nominally 8.1 kW (27,750 Btu/h). System perfor-
mance remained constant with time since the evaporator tube wall temperature was greater than
the inlet-air-dew-point temperature and neither dehumidification nor frosting could occur. Increas-
ing the relative humidity to 60% allowed light dehumidification and frosting to begin on the outdoor
heat exchanger. The frosting produced a gradual reduction in the outdoor heat exchanger capacity
and thus system COP and capacity as compared to the nonfrosting steady-state COP and capacity
obtained at 50% relative humidity. At termination of this test run, no appreciable amounts of
defrosting water were collected. : »

Incrementing the inlet air relative humidity from 50 to 70% produced an increased rate of frost
accumulation on the outdoor heat exchanger. The COP observed during the 70% humidity test
dropped from 2.82 to 2.24 within 140 min of heating-mode operation (Fig. 18). Similarly, the heat-
ing and outdoor heat exchanger capacities were both reduced by approximately 27% of their initial
values (Figs. 19 and 20). ' '
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6.2 Performance Measured at 4.4°C (40°F) with Relative Humidities of 70% and Greater

Parken, Beausoliel, and Kelly observed, in frosting studies conducted on a 5-ton heat pump,
5.5°C (42°F) ambient temperature as the boundary at which frosting occurred on the outdoor heat
exchanger.’ Intuitively, it would seem that the increase in ambient relative humidity under frosting
conditions should increase the rate of frosting. However, test results at 4.4°C (40°F) for relative
humidities greater than 70% revealed an initial improvement in system performance, as shown in
Figs. 18, 19, and 20. The COP increased from 2.75 (base case performance) to values of 2.82, 2.85,
and 2.92 as the respective relative humidity was increased from 70 to 90%. Similarly, the heating
capacity increased from 8.1 kW (27,750 Btu/h) to values of 8.5, 8.9, and 9.23 kW (29,200, 30,400,
and 31,500 Btu/h) as the relative humidity was increased from 70 to 90%. The increase in system
performance is due to the increased mass transfer rate as the moisture content of the air is
enhanced above moisture levels preset at 60% humidity. The augmented mass transfer increased
both the evaporator tube wall temperature and compressor inlet pressure (Figs. 21 and 22). This
increase in the tube wall temperature over the two-phase region of the outdoor heat exchanger
resulted in a delay in the onset of frosting as the relative humidity was increased. Frosting com-
menced 35 min into the 70% test run, and at 80 and 90% relative humidities frosting did not begin
until 85 min and 160 min, respectively, of run time had elapsed. The plots of outdoor airflow in
Fig. 23 reveal this delay in frost formation for relative humidities greater than 70%. These plots
also reveal the discrepancy between the onset of frosting and the start of a defrosting operation that
would have occurred with a time-and-temperature defrosting control set for a 90-min cycle.
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At the onset of the 80 and 90% test runs conducted at 4.4°C. (40°F), the outdoor coil was ini-
tially saturated with water, and a flow of condensate from the coil was observed until frosting
began. The accumulation of water on the outdoor heat exchanger gradually increased the resistance
to heat flow and thus lowered the tube wall temperature to a point favorable for frosting operation,.
as seen in Fig. 21. Once frosting commenced, the higher relative humidities, reflecting an increase
in the moisture content of the air, enhanced the rate of frost accumulation, resulting in greater rates
of performance degradation. Figures 18, 19, and 20 show the increase in slope for relative humidi-
ties greater than 70%.

6.3 Influence of Frost on System Operation at 4.4°C (40°F)

The initial increase in the outdoor heat exchanger capacity due to increased mass transfer of
moisture for relative humidities greater than 70% resulted in an increase in refrigerant density at
the compressor inlet. The constant volume pumping action of the compressor led to higher refrig-
erant mass flow rates and higher rates of compressor power consumption, as shown in Fig. 24. Once
frosting commenced, the reduction in the outdoor heat exchanger capacity lowered the refrigerant
temperature yielding a decrease in the refrigerant density at the compressor inlet, which then
yielded a reduction in both refrigerant mass flow rate and compressor power consumption. The
reduction of refrigerant flow rate decreased the heating capacity of the heat pump, since its heat
output is directly related to the refrigerant mass flow rate. The COP also decreases due to the
reduction of heating capacity and the decreased ratio of refrigerant mass flow rate to compressor
power consumption as revealed by the preceding normalized analysis (Sect. 5.1.2).
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- 7. EXPERIMENTAL RESULTS FOR AMBIENT TEMPERATURES
LESS THAN 4.4°C (40°F)

The trends in system performance present at 4.4°C (40°F) were not observed at lower ambient
temperatures. For tests conducted at ambient temperatures of 1.7, —1.1, —6.7, and —8.3°C (35,
30, 20, and 17°F), increasing the relative humidity increased the rate of frost accumulation on the
outdoor heat exchanger. The threshold of frosting was observed at 60% relative humidity for the
1.7 and —1.1°C (35 and 30°F) ambient conditions, but at the lower ambient temperatures of —6.7
and —8.3°C (20 and 17°F) the threshold of frosting was observed to occur at 70% relative humi-
dity.

7.1 Performance as a Function of Temperature
7.1.1 Performance at 1.7°C (35°F) Ambient Temperature

At an ambient temperature of 1.7°C (35°F), conditions favorable to frosting, the system COP
and capacity decreased for relative humidity levels greater than 60%. The increased moisture con-
tent in the air increased the rate of performance degradation (Figs. 25 and 26) due to the increased
frosting rates on the outdoor heat exchanger.

The COP at 70% relative humidity reduced from.an initial value of 2.58 to 2.18, a 15% reduc-
tion within 80 min of operation. At the higher humidity of 80%, the COP reduced from 2.63 to
2.15, an 18% reduction, within 60 min of operation. Incrementing the humidity to 90% did not
increase the extent of peformance degradation; however, the time of degradation was decreased to
50 min. The heating capacity observed during 70, 80, and 90% relative humidity tests decreased by

ORNL-DWG  82-8045

OPERATING TIME (min)
[+] 30 60 90 120 150 180 210 240
f T I ¥ T T T 1 1

3o ~ 3.0
o —e
W
r -1 25
2.5 R
& i o
8 20 - 2.0 8
AMBIENT
RELATIVE HUMIDITY
15 =] 507 - 5
o 607
& 707
+ 80~
x 907
1.0~ 1.0

1 1 1 1 | 1 i L J
0 30 60 90 120 130 180 210 240
OPERATING TIME (min)

Fig. 25. COP measured at 1.7°C (35°F).

36



ORNL-OWG  52-8046

OPERATING TIME {min)
o] 30 80 S0 1206 150 180 210 240

f T T T T T T T 1
30 — -

25 JW

CAPACITY (10°Btu/h)
]
T

CAPACITY (kW)

AMBIENT “2
RELATIVE HUMIDITY

50%
60%
70% -1
807
307

X + b OO

0“‘ , ' \ | : | i 1—0

0 30 60 30 120 150 180 210 240
OPERATING TIME (min)
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24% of the initial values; however, the time required for the 24% degradation reduced from 100 to
55 and 45 min respectively (Fig. 26).

Frosting data observed at 1.7°C (35°F) are tabulated in Appendix A for detailed analysis of
typical system operation during frosting operation.

7.1.2 Performance at —1.1°C (30°F) Ambient Temperature

Frosting was light during the 60% relative humidity test conducted at —1.1°C (30°F), and no
noticeable reduction in system performance was observed (Figs. 27 and 28). Incrementing the rela-
tive humidity to 70% produced a noticeable frost accumulation on the outdoor heat exchanger; how-
ever, it was only moderately frosted at termination of the experiment. The COP during the 70%
humidity test reduced from an initial value of 2.45 to 2.15 within 160 min of operation, while the
corresponding heating capacity dropped from 6.93 kW (23,650 Btu/h) to 5.71 kW (19,500 Btu/h).
The increase of relative humidity above 70% augmented the rate of frost accumulation on the out-
door heat exchanger to a point at which 90% of the coil was blocked with frost after 50 min of
operation. The COP dropped from approximately 2.5 to values of 2.1 and 2.0, respectively, for the
80 and 90% humidity tests (Fig. 27). The heating capacity dropped from nominally 7.3 kW (25,000
Btu/h) to values of 5.4 kW (19,250 Btu/h) and 5.27 kW (18,000 Btu/h), respectively, for the 80
and 90% humidity tests (Fig. 28).
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7.1.3 Performance at —6.7°C (20°F) Ambient Temperature

No new trends in system performance were observed for this set of test runs at —6.7°C (20°F).
Lowering the ambient temperature for a given relative humidity lowers the moisture content of the
air and necessitates higher relative humidities for the accumulation of frost on the outdoor heat
exchanger of a given heat pump. Figures 29 and 30 portray the near steady-state performance for
relative humidities less than 80%. The outdoor heat exchanger was moderately frosted at 80%
humidity causing only a slight reduction in system COP and capacity (Figs. 29 and 30). However,
at 90% relative humidity, the COP dropped from 2.2 to 1.83 and the heating capacity dropped from
5.86 kW (20,000 Btu/h) to 4.83 kW (16,500 Btu/h) within 70 min of operation due to the
accumulation of frost. Once again, at the termination of this 90% humidity test run, approximately
90% of the free-flow area of the outdoor heat exchanger was observed to be blocked with frost.

The performance of the system was also observed at —8.3°C (17°F), and results are nearly
identical to those seen at —6.7°C (20°F). The plots of system performance and outdoor volumetric
airflow are presented in Appendix C but will not be discussed within the text.

7.2 Effect of Frost on Evaporator Tube Wall Temperature
and Compressor Suction Pressure

The frost accumulation on the outdoor heat exchanger increased the resistance to heat flow and
thus reduced both evaporator tube wall temperature and refrigerant suction pressure at the inlet to
the compressor. Using the —1.1°C (30°F) test runs as typical results, the tube wall temperature,
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characterized in Fig. 31, was nominally —5.55°C (22°F) for the low-humidity test runs of 50 and
60%. The spine fins, having an average temperature below 0°C (32°F), immediately began to frost
for the —1.1°C (30°F) test having humidity levels of 70% and greater. The wall temperature
decreased from —6.7°C (20°F) to —14°C (6°F) within 50 min during the 90% relative humidity
test (Fig. 31). The suction pressure at the inlet to the compressor, plotted in Fig. 32, shows nearly
identical trends to those of the tube wall temperature because the saturation temperature in the
two-phase region of the outdoor heat exchanger directly affects refrigerant pressure to the compres-
sor. '

7.3 Compressor Performance

The reduction of suction pressure yielded corresponding reductions in compressor inlet refrig-
erant density, which in turn yielded corresponding reductions in both refrigerant mass flow rate and
compressor power consumption. Again using typical results observed at —1.1°C (30°F), the reduc-
tion of refrigerant density, characterized in Fig. 33, caused the refrigerant mass flow rate to
decrease from 118 kg/h (260 tbm/h) to approximately 86.4 kg/h (190 Ibm/h) for the 90% relative
humidity test. The corresponding power consumption reduced from 2250 to approximately
1950 W. The 26% reduction in mass flow rate as compared to the 15% reduction in compressor
power lowers the overall efficiency of the compressor and motor, as seen by the slope of the 80 and
90% humidity test curves of compressor efficiency in Fig. 34. The compressor efficiency for the
90% humidity condition dropped from 51.5 to 46% within 30 min of operating time.
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- 8. CUMULATIVE LOSSES DUE TO FROSTING
OF THE OUTDOOR HEAT EXCHANGER

8.1 Introduction and Definition of Cumulative Frosting Losses

Cycling and defrosting losses are usually considered the major losses to efficient heat pump
operation. However, few heat pump studies have investigated the losses incurred while frost is form-
ing on the outdoor heat exchanger. These frosting losses, as discussed in Sects. 6 and 7, produce sig-
nificant reductions in both COP and heating capacity. This reduction of performance from steady-
state operation results in cumulative frosting losses, as represented by the shaded area in Fig. 35.
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Fig. 35. Example of cumulative frosting loss.

Frosting loss coefficients, expressing the percentage loss in cumulative quasi-steady-state heat
output and COP, were derived from experimental data for determination of the frosting loss as a
function of temperature, relative humidity, and heat pump operating time. The loss coefficients can
be used to determine the dynamic frosting performance of heat pumps having an outdoor heat
exchanger of spine fin configuration. The heating output and COP under frosting conditions can be
calculated using the following equations: '

N, .
QHprost = X QHp7; = QHgs(rX1 — my/100) , in Btu ,

i=1

N

’E(QHFI)Ti
COPyg = 5 = COPgs(1 — m,/100) ,
2 (We)r

=1
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where

QHrrost = cumulative heat output over given frosting period;
COP ,yc = average COP calculated over given frosting period;
QH F = average heating capacity under frosting conditions
. for time 73
W = average power usage of heat pump under frosting conditions
, for time 73
QHgg = steady-state heating capacity;
COPgs = steady-state COP;

N

r =3 7;,in hours;
i=1

N = integral number of time increments;
m, = coefficient expressing the percentage loss in
cumulative steady-state heat output;
m, = coefficient expressing the percentage loss in steady-state COP.

8.2 Correlation of Steady-State Performance
as a Function of Temperature and Relative Humidity

Under low-temperature and high-humidity conditions, frosting usually commenced prior to data
collection; therefore, quasi-steady-state performance had to be extrapolated to the start of each
frosting test using the slope of the respective curves of observed COP and heating capacity test
data. Steady-state, dry-coil performance could not be used as a base case for determination of frost-
ing losses observed at a given temperature and relative humidity level because the increase of rela-
tive humidity slightly improved the steady-state performance of the unit.

The quasi-steady-state performance as a function of ambient temperature and relative humidity

condition can be calculated using the following biquadratic equation:

F(T, ¢) = aT? + bT + c¢?* + do + eTo + [,

where

F(T, ¢) = steady-state COP or heating capacity;
T = ambient dry-bulb temperature;
¢ = ambient relative humidity.

The coefficients a through f, determined by two-dimensional, least squares fits to the data, are
given by the-following tabulation:

Coefficient COP Heating capacity
constants constants
a " —4.5149 X 107¢ —2.1996
b 5.2557 X 1072 4.3766 X 10°
¢ —2.129 X 107* —1.7199
d 3.4162 X 1072 2.6156 X 10° .
e 3.42225 X 1073 2.0640
f 5.1365 X 1073 3.3736 X 107
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8.3 Cumulative Frosting Losses as a Function of Time,
Temperature, and Relative Humidity

The losses in average COP and cumulative heat output are listed for 15-min intervals of heat
pump run time in Tables 9 and 10. These losses yielded nominal 3 to 15% reductions in both heat
output and COP over a 90-min interval for all ambient temperatures having relative humidities
greater than 70%. The frosting losses are thus of the same order of magnitude as the cycling losses.
Frosting losses were largest for tests conducted at 1.7 and —1.1°C (35 and 30°F), with relative
humidities greater than 70% as listed in Tables 9 and 10.

Frosting losses of approximately 10% were observed in both COP and heating capacity for the
1.7°C (35°F), 80 and 90% tests (Figs. 36 and 37). Increasing the moisture content of the air aug-
mented frost accumulations that yielded increased rates of performance degradation as depicted by
the slopes of the 80 and 90% test curves plotted in Figs. 36 and 37. The observed nominal 10%
reduction of both COP and heating capacity for the 80 and 90% humidity tests occurred within 60
min and was observed when the outdoor heat exchanger was 90% blocked with frost. Similar results
were also observed at —6.7°C (20°F) when relative humidities were greater than 80%. With the
outdoor coil nearly blocked with frost, a 10% loss in steady-state performance was observed within
75 min of operation.

Table 9. Loss of quasi-steady-state COP due to frosting

m,, the percentage of quasi-steady-state
COP degradation at time.

See Sect. 8.1
Relative - Time (min)
humidity 15 30 45 60 75 90

(%)

Temperature = 4.4°C (40°F)
60 0.00 0.00 0.20 1.19 210 231
70 005 0.21 0.53 1.08 193 3.02
80 0.38 1.56 1.77 204 215 217
90 0.00 0.00 0.80 041 073 0.88
Temperatare = 1.7°C (35°F)
60 0.37 0.70 0.96 .13  1.28 147
70 0.00 0.00 0.62 252 407 5.78
80 3.30 4.97 7.62 1009
90 3.17 478 6.86
Temperature = —1.1°C (30°F)
60 012 023 0.35 045 052 0.56
70 239 376 4.30 437 430 4.53
80 3.76  6.67 993
90 398 17.06 10.11
Temperature = —6.7°C (20°F)
70 0.00 0.31 0.35 1.03 103 133
80 0.00 0.39 0.93 1.04 114 145
90 261 3.90 5.49 7.12 854
Temperature = —8.3° (17°F)
70 0.00 0.13 0.21 083 141 1.69
90 244 338 5.13 7.04




47

Table 10. Loss of quasi-steady-state capacity output due to frosting

m,, the percentage of quasi-steady-state capacity degradation.

See Sect. 8.1
Relative Time (min)
humidity "5 30 45 60 75 90

(%)

Temperature = 4.4°C (40°F)
60 0.00 0.00 0.46 1.39 2.23 2.57
70 0.11 0.38 0.87 1.7 2.98 4.63
80 0.69 1.43 1.84 2.33 2.61 2.92
90 0.03 0.14 0.42 0.92 1.38 1.67

Temperature = 1.7°C (35°F)
60 050 097 1.39 1.69 1.95 2.25
70 0.00 0.69 2.59 493 7.03 9.23
80 3.87 7.27 11.38 15.12
90 3.58 7.61 11.44

Temperature = —1.1°C (30°F)
60 0.10 0.26 0.46 0.66 080 0.83
70 0.37 0.55 0.59 0.60 0.71 1.23
80 423 8.39 13.10
90 5.09 9.53 14.21

Temperature = —6.7° (20°F)
70 0.31 1.10 1.23 1.82 2.08 2.25
80 0.65 1.61 2.86 392 4.77 5.7
90 3.00 5.18 7.78 10.40 12.57

Temperatare = —8.3°C (17°F)
70 0.00 0.22 0.33 0.93 1.51 1.82

90 2.96 4.35 6.68 9.16
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9. DEFROSTING OPERATION

Defrosting tests were conducted at the completion of each frosting test. Scans of compressor
power and refrigerant temperatures and pressures were recorded every 8 s during the defrosting
period. Refrigerant temperatures and pressures were measured at the inlet and outlet of the
compressor shell, and refrigerant temperatures were measured at the defrosting initiation sensor.
Typical defrosting tests for an ambient temperature of —1.1°C (30°F) and relative humidities of
70 through 90% are presented in Figs. 38 through 40.

. 9.1 Transient Operation During the Defrosting Cycle

The accumulation of frost on the outdoor heat exchanger lowers both the evaporator heat gain
and the refrigerant superheat at the inlet to the compressor. The thermostatic cxpansioh valve in
the outdoor unit is designed to counteract this drop in refrigerant superheat at the inlet to the
compressor by increasing the severity of the throttling process. The increased throttling action
results in a continued backup of liquid refrigerant within the indoor heat exchanger until the com-
mencement of the defrosting cycle. At the initiation of the defrosting cycle, the reversing valve is
energized to cooling-mode operation. This process connects the compressor suction line directly to
the two-phase mixture within the indoor heat exchanger. During this period, observations revealed a
noticeable amount of two-phase refrigerant flowing back through the condenser hot gas line to the
compressor. However, rapid scans of suction temperature and pressure at the compressor inlet
revealed the observed two-phase flow to have flashed to gas before entering the compressor housing.
The flashing of the refrigerant mixture is caused by the large drop in pressure from the indoor heat
exchanger to the compressor inlet.

Using the defrosting cycle observed at —1.1°C (30°F) and 70% relative humidity (Fig. 38), a
brief description of the defrosting cycle will be presented. Energizing the four-way reversing valve at
the start of the defrosting operation results in an initial drop in head pressure and an initial jump in
suction pressure due to the switching of refrigerant lines within the reversing valve. Within 32 s, the
discharge pressure dropped from 1.3 to 0.81 MPa (188.5 to 117 psia) and the suction pressure
increased from 314 to 721 KPa (45.6 to 104.7 psia). After these initial pertubations, both suction
and head pressure decreased for a period of 50 s. Within this period, the refrigerant accumulated in
the outdoor heat exchanger and the indoor heat exchanger became nearly evacuated of refrigerant.
The head pressure then started to increase, allowing throttling within the indoor heat exchanger to
begin. After 80 s of defrosting, there was a steady increase in suction pressure, head pressure, and
also compressor power. This increase persisted until termination of the defrosting cycle, which,
under normal conditions, would occur after the outlet outdoor heat exchanger temperature reached
13°C (55°F). At termination of the defrosting cycle, the compressor power and high- and low-side
pressures again followed trends observed at the start of the cycle. However, a two-phase mixture of
refrigerant was observed entering the compressor housing immediately following the defrosting
cycle. The amount of liquid entering the compressor could not be determined and is assumed to be
small because of the short interval over which it was observed.

The defrosting tests, following the frosting tests at —1.1°C (30°F) and 80 and 90% relative
humidity, were for a longer period due to the increased amount of frost on the outdoor heat
exchanger. The trends of compressor power and refrigerant temperature and pressure are nearly
identical for the 70 through 90% defrosting runs plotted in Figs. 38, 39, and 40. The plot of
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compressor power in Fig. 39 deviated from trends in compressor power plotted for the 70 and 90%
humidity defrosting tests. An external high- and low-pressure cut-out disrupted the flow of power to
the compressor because of a drop in suction pressure below 83.7 kPa (10 psig). The compressor was
reenergized once the suction pressure became greater than 222 kPa (30 psig). This pressure cut-out
switch was used to protect the compressor during the defrosting operation. Similar disruption of the
compressor during the 90% humidity defrosting test was not observed.

9.2 Adequacy of Defrosting Termination

The time-and-temperature defrosting control for the heat pump tested terminates a defrosting
cycle once the outlet refrigerant temperature from the outdoor heat exchanger exceeds 12.7°C
(55°F). Observations of the outdoor heat exchanger during the defrosting cycle revealed the 12.7°C
(55°F) termination temperature level to coincide well in time with the elimination of frost from the
upper coil circuit of the outdoor heat exchanger. Under the severest of defrosting conditions [1.7°C
(35°F), 90% relative humidity], the upper heat exchanger circuit was free of frost within 4 min of
defrosting operation. Figures 38, 39, and 40 display the time required to adequately defrost the out-
door heat exchanger. However, the lower coil circuit usually had some frost remaining on the bot-
tom helical windings of the coil even after the upper coil had completely defrosted. The remaining
frost on the lower coil circuit occurred because the coldest refrigerant exits the bottom of each
respective coil of the outdoor heat exchanger.

9.3 Energy Consumption of Defrosting Operation

Compressor power consumption, chilling of the indoor air, and use of auxiliary heat to temper
the chilled air during defrosting operations all lower the COP of a heat pump. However, previous
field studies by Groff and Reedy have shown these defrosting losses to be minimal.?

Experimental results reveal the loss in performance due to defrosting to be small for ambient
temperatures of 4.4°C (40°F) or less and relative humidities less than 70%. The observed total
losses in heating capacity and COP are listed in Table 11 for both frosting and defrosting. The
losses in heating capacity and COP due to defrosting increased as relative humidity increased. How-
ever, as observed, the capacity losses due to frosting were larger than those losses due to chilling of
the indoor air stream (Table 11). Increased relative humidity for a given temperature yields larger
frosting and defrosting losses; frosting losses produce the predominant loss in capacity.

Defrosting produced a greater percentage reduction of COP than of heating capacity. An
assumed 5 kW of auxiliary heat was included in the calculation of integrated COP. The additional
power consumption, therefore, increased COP degradations over capacity degradations resulting
from defrosting operations.
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Table 11. Percentage drop in performance due to frosting/defrosting

Quasi CoP ACOP? AQH?
Relative steady state’
humidity -
(%) cop QH fr fr/def® fr  def  fr  def
(Btu/h) %) (%) (%) (%)

Temperature = 4.4°C (40°F)

60 274 28,507 2.67 2.61 2.21 2.49 3.58 1.16
70 2.82 29,200 2.62 2.36 7.23 9.03 1102 4.11
80 2.87 30800 2.73 2.35 482 13.36 7.66 6.38
90 289 31,168 279 2.47 3.31  11.07 5.95 5.04

Temperature = 1.7°C (35°F)

60 2.64 26,637 258 2.51 2.45 271 An 1.32
70 273 27,740 245 2.28 10.18  6.24 15.18 2.58
80 276 28977 246 2.04 10.87 1543 1630 1.77
90 261 27,782 2.40 1.87 828 2047 1390 11.08

Temperature = —1.1°C (30°F)
70 2.54 23,800 235 224 7.50 4.33 6.33 2.00
80 2.75 27,502 243 2.00 11.73 1541 15.52 8.06
90 2.63 26,138 2.32 1.87 11.88 17.20 16.76 9.15
Temperature = —6.7°C (20°F)

80 222 20954 219 1.98 146 916 576  4.16
90 233 21,672 210 1.79 9.58 13.13 14.08 6.61

Squasi — Approximate (quasi-) steady-state COP and QH were extrapolated
to the start of each frosting test and used as a base for the percentage breakdown
of frosting and defrosting losses.

5A(COP,QH) — Percentage breakdown of frosting and defrosting based on
quasi-steady-state COP and QH as determined from each temperature and rela-
tive humidity test run. ’

‘fr — Performance measured over duration of respective test, not including
defrosting operation.

9fr/def — Performance measured over duration of respective test, including
defrosting operation.

¢def — Performance during defrosting period including chilling of indoor air,
5-kW auxiliary heat, and defrosting power used by compressor and indoor fan.



' 10. ALTERNATIVE DEFROSTING LOGICS FOR AN-OUTDOOR HEAT EXCHANGER
OF SPINE FIN CONFIGURATION

10.1 Time and Temperature

A time-and-temperature defrosting control based on a 90-min cycle would not initiate a defrost-
ing cycle soon enough to hinder heavy frost accumulations on the outdoor heat exchanger during
extreme winter weather conditions. The results observed at ambient relative humidities of 80 and
90%, shown in Figs. 41 and 42, display the large reduction in COP due to the accumulation of frost
at a time before defrosting would occur for the 90-min timed cycle. Tests conducted for both hu-
midity levels with ambient temperatures of 1.7, —1.1, —6.7, and —8.3°C (35, 30, 20, and 17°F)
showed 90% of the free-flow area of the outdoor heat exchanger blocked with frost prior to defrost-
ing. In each case the frost had enveloped the spine fins and had formed a solid frost layer.

The above results reveal the need for a shorter time period between defrosting cycles for operat-
ing conditions having relative humidities greater than 80% in the frosting zone. A shorter cycle
could easily reduce both frosting and defrosting losses; however, the shorter cycle would also
increase the number of false, needless defrosting operations. Thus the shorter cycle could feasibly
be more detrimental to efficient heat pump operation.
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Fig. 41. COP observed at 80% relative humidity.
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10.2 Demand Defrosting Sensors

A demand defrosting control would provide more timely initiation of the defrosting cycle and
would reduce both frosting and defrosting losses. During extreme weather conditions conducive to
heavy frost accumulations, the demand defrosting control would initiate the defrosting cycle prior to
any extensive mixing of refrigerant and compressor oil, and would thus provide better protection for
the compressor as compared to a time-and-temperature defrosting control.

10.2.1 Static Pressure Sensor

A defrosting sensor monitoring the static pressure drop across the outdoor heat exchanger
would probably not be adaptable to this heat pump. A maximum pressure drop of 38 mm (0.15 in.)
of water was observed across the air side of the one-row spine fin heat exchanger when it was
almost totally blocked with frost. Under dry-coil conditions the pressure drop was approximately 1.3
mm (0.05 in.) of water. The low pressure drop across the coil would be too low for accurate sensing
by currently available sensors.

10.2.2 Fan Power Consumption

Fan power consumption is a direct function of pressure drop across the outdoor coil. As frost
accumulates on the outdoor heat exchanger, the increase in air pressure drop results in higher out-
door fan power consumption (Fig. 43).
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Fig. 43. Outdoor fan power measured at 1.7°C (35°F).

Steady-state outdoor fan power consumption was observed to be nominally 260 W. Under frost-
ing conditions at an ambient temperature of 1.7°C (35°F), the power consumption was observed to
increase by nominally 10% of steady-state consumption. The small percentage of change in power
consumption, variations in residential line voltage, and the probable need for individual adjustment
of a power defrosting sensor per heat pump would seem to hinder promotion of this defrosting
scheme.

10.2.3 Temperature Difference across the Frost Layer

The temperature difference between the ambient air and the evaporator tube wall is currently
used in some heat pump systems as a controi signal for a defrosting initiation. Frost accumulations
are sensed vy the increase in the temperature difference between the ambient air and the evaporator
tube wall, caused by the increase of air-side thermal resistance. Using a temperature difference of
approximately 8.3 C° (15 F°), the time at which to initiate the defrosting operation would be
sensed more accurately as compared to the time-and-temperature logic based on a 90-min cycle
(Figs. 44 and 45). The temperature difference scheme might require an additional signal to safe-
guard against false defrosting operations. For instance, the refrigerant temperature at the inlet to
the outdoor heat exchanger could be used as a second conditional requirement for initiation of the
defrosting cycle.

The temperature gradient (Figs. 44 and 45) observed at 1.7 and —1.1°C (35 and 30°F) reveals
the advantage of the 8.3 C° (15 F°) temperature gradient in predicting the proper initiation of a
defrosting cycle. ‘
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11. CHARGE SENSITIVITY TEST

Charging tests were performed to observe the sensitivity of the system to variations of refrig-
erant charge during heating-mode operation. The tests revealed an improvement in stability of the
thermostatic expansion valve used during the heating mode for refrigerant charges greater than the
nameplate charge. Stable operation of the valve was observed for a refrigerant charge of 5.24 kg
(11 1b 9 oz), which is 0.51 kg (1 1b 2 oz) more than the nameplate charge. However, unstable con-
trol was again observed at the higher charge (Fig. 46) for ambient temperatures less than 8.3°C
(47°F).

The charging test results show the compressor efficiency to be unaffected by the variation of
refrigerant charge. The compressor efficiency at 8.3°C (47°F) was nominally 53.5% for charges
ranging from 0.45 kg (1 1b) less than the design charge to 0.68 kg (1.5 Ib) more than the design
charge.

11.1 Performance as a Function of Refrigerant Charge

The addition of refrigerant charge caused a slight increase in the system COP from 2.84 to
2.92, a 2.8% increase from the COP at the minimum charge level (Fig. 47). The heating capacity
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Fig. 46. Refrigerant flow rate at refrigerant charge of 5.24 kg (11 Ib 9 o2).
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Fig. 47. Influence of refrigerant charge on system pérformance

observed at an ambient temperature of 8.3°C (47°F),

and the outdoor heat exchanger capacity both increased slightly, up to a maximum level at a refrig-
erant charge of 5.21 kg (11.5 1b). Both condenser and outdoor heat exchanger capacity were 2%
greater than the capacities observed at the design charge of 4.73 kg (10 Ib 7 oz); see Fig. 47.

11.2  Sensitivity of System Pressures and Temperatures to Amount of Charge

The variation of refrigerant charge had little effect upon refrigerant temperatures and pressures
throughout the system (Figs. 48 and 49). The high- and low-side pressures at the compressor were
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Fig. 48. Refrigerant pressures as influenced by charge variation
observed at an ambient temperature of 8.3°C (47°F).

unaffected by variations of refrigerant charge ranging from 0.45 kg (I Ib) less than the design
charge to 0.68 kg (1.5 1b) more than the design charge. However, the refrigerant temperature at.the
inlet to the expansion valve within the outdoor unit decreased as the refrigerant charge was
increased, dropping from 31.6°C (89°F) at a charge of 4.3 kg (9.5 Ib) to 26.1°C (79°F) at a
charge of 3.44 kg (12 Ib) (Fig. 49). This temperature drop and increased refrigerant subcooling
within the liquid line is related to the backup of liquid refrigerant within the indoor heat exchanger.
During heating-mode operation, the subcooling increases as the amount of refrigerant charge is
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Fig. 49. Refrigerant temperatures as influenced by charge variation observed

at an ambient temperature of 8.3°C (47°F).

increased. The backup of liquid refrigerant as refrigerant charge is increased produces large heat
flows from refrigerant to air and thereby results in a lowering of refrigerant temperature at the con-
denser exit.

11.3 Thermostatic Expansion Valve Instability

Instantaneous values of refrigerant mass flow rate and compressor inlet superheat were also
observed at each charge level. At the design charge of 4.73 kg (10 1b 7 oz), the refrigerant mass
flow rate fluctuated from 99.7 to 174.6 kg/h (220 to 385 1b/h), and the compressor inlet superheat
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varied from saturated vapor conditions to 10°C (18°F) of superheat (Fig. 50). The addition of
0.45 kg (1 Ib) of refrigerant charge eliminated the hunting of the expansion valve, as typified by the
constancy of the refrigerant mass flow rate illustrated in Fig. 50. Although the instantaneous
superheat varied, the fluctuation of superheat is less pronounced than the superheat variation at the
design charge of 4.73 kg (10 Ib 7 0z). The elimination of the expansion valve hunting and compres-
sor inlet superheat fluctuation is related to the matching of the expansion valve and outdoor heat
exchanger capacity. As the refrigerant charge was increased to 0.45 kg (1 1b) greater than the
design charge, the heat gained by the outdoor heat exchanger increased (Fig. 47). The increased
outdoor heat exchanger capacity matched the capacity of the thermostatic expansion valve, thereby
enabling the system to operate under a more stable condition. At the design charge level, the capa-
city of the outdoor heat exchanger was not matched to the capacity of the expansion valve, resulting
in unstable or cyclic operation of the expansion valve. These results correlate well with the earlier
charging test resulits in which the expansion valve hunting was eliminated at a refrigerant charge of
0.51 kg (1 1b 2 oz) over the design charge. They also agree well with the observations made by
Huelle in his studies of thermostatic expansion valves.’
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APPENDIX A.
EXPERIMENTAL DATA

Tabulation of heating-mode performance data observed during steady-state nonfrosting condi-
tions is presented in Table A.l. Frosting performance data observed for an outdoor ambient
temperature of 1.7°C (35°F) is tabulated as a function of run time in Tables A.2 through A.S.
The evaporator wall temperatures were monitored at times other than those listed in Tables A.2
through A.5, and the tabulated wall temperatures are interpolated values calculated from least
squares fits of the data. The location of refrigerant temperature and pressure sensors is shown in
Fig. 5 of the main text.
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Table A.1. Performance data from steady~state dry-coil tests
AIR TEMPERATURES, F REFRIGERANT TEMPERATURES, F REFRIGERANT PRESSURES, PSIA AIR FLOW RATES
REFRIG~
OUTDOOR INDOOR ERANT
RELATIVE COIL COIL COMPRESSOR REVERSING CONDENSER OUTDOOR TXV EVAPORATOR AVERAGE COMPRESSOR OUTDOOR TXV FLOW
DATE, HUMIDITY, VALVE EVAPORATOR EVAPORATOR OUTDOOR  INDOOR RATE, (011}
1979 IN ouT IN ouT IN ouT ouT IN ouT IN ouT IN ouT WALL IN ouT IN ouT IN CFM LBM/HR LBM/HR
11/8 60.6 47.0 37.8 70.0 93.8 38.7 199.2 185.7 175.1 93.9 79.5 46.8 30.0 32.9 32.7 63.8 221.9 208.6 100.0 69.6 2516 5276 334.1
1279 49.9 38.5 31.U 70.9 91.9 32.5 . 201.5 186.4 173.7 90.7 T6.6 41.3 25.2 23.7 28.5 57.9 213.1 200.6 89.7 63.7 2792 5380 291.9
12/18 49.7 34.3 28.2 69.7 89.4 30.1 202.6 186.3 171.9 87.9 73.1 37.0 21.7 22.5 25.0 54.2 204.0 192.2 83.3 59.6 2795 5361 271.0
12/19 48.4 30.5 25.3 69.9 88.6 27.3 204.,6 187.1 171.3 87.4 T1.3 33.7 18.9 19.8 22.0 51.4 169.4 188.5 79.0 56.5 2789 5381 251.4
12719 61.0 19.8 16.7 69.5 85.1 21.3 210.1 189.6 168.2 84.2 63.5 24.0 11.0 12.5 13.3 44,5 185.8 176.7 65.9 48.4 2720 5404 203.7
12/20 61.7 17.1 14.7 T70.3 84.5 19.6 212.4 190.8 167.3 84,2 61.3 21.4 8.8 10.2 11.3 42.7 183.6 175.3 62.9 46.3 2795 5437 191.5




HEATING CAPACITY,

POWER INPUT, W BTU/HR cop
REFRIG- REFRIG- COMPRESSOR
DOOR ERANT AIR ERANT AIR ISENTROPIC

AN COMPRESSOR  TOTAL METHOD METHOD METHOD  METHOD  EFFICIENCY

55 2564 3157 31253 30134 2.90 2.80 0.53%
60 2416 3013 27750 27114 2.70 2.64 0.516
59 2322 2918 26069 25345 2.62 2.55 0.508
62 2258 2857 24317 24151 2.49 2.48 0.497
68 2053 2657 20094 20234 2.22 2.23 0.467

69 1996 2602 18941 18528 2.13 2.09 0.461



Table A.2. Test data observed for frosting ambient conditions of 1.7°C (35°F) and 607 relative humidity

AIR TEMPERATURES, F REFRIGERANT TEMPERATURES, F REFRIGERANT PRESSURES, PSIA AIR FLOW RATES
REFRIG-
OUTDOOR INDOOR i ERANT
RUN RELATIVE COIL COIL COMPRESSOR REVERSING CONDENSER OUTDOOR TXV EVAPORATOR AVERAGE " COMPRESSOR OUTDOOR TXV FLOW
TIME, HUMIDITY, VALVE : EVAPORATOR EVAPCRATOR  OUTDOOR  INDOOR RATE,
MIN % IN ouT IN ouT IN ouT ouT IN ouT IN ouT IN ouT WALL IN ouT IN ouT IN CFM LBM/HR  LBM/HR
13.8 61.9 34.6 28.8 69.5 89.6 30.7 200.6 184.4 170.4 86.6 71.5 33.8 21.6 23.0 24.9 54,2 204.2 193.4  82.7 59.5 2762 5369 274.4
39.3 59.1 34.8 28.9 69.7 89.5 29.2 203.3 186.7 172.0 86.4 7T1.2 36.2 21.0 22.3 24.3 53.5 203.6 192.9 81.6 58.8 2691 5370 269.1
64.6 60.3 35.6 28.8 69.8 89.4 28.0 203.9 187.0 172.0 86.2 T70.9 35.7T 20.5 22.1 23.6 53.1 203.0 192.4  80.9 58.3 2607 5371 267.3
84.0 60.0 34.7 28.9 70.5 89.8 26.6 203.8 186.8 171.9 86.8 T1.1 35.4 20.0 22.1 22.9 52.7 203.9 193.3 80.4 57.7 2413 5367 265.1
99.4 60.3 4.4  28.5 70.1 89.5 26.5 202.7 185.7 170.8 86.4 70.7 34.8 20.6 21.8 22.5 52.3 202.8 192.2  79.8 58.4 2381 5370 263.4
118.2 60.4 34.3  28.4 69.9 89.0 26.4 202.3 185.2 170.3 86.0 70.2 34.5 19.1 21.6 21.8 52.0 201.4 191.0 79.2 56.7 2319 5375 263.2
131.5 60.0 34.2 28.3 69.8 88.8 25.5 202.0 184.8 169.8 85.8 69.9 34,3 18.7 21.1 21.3 51.6 200.6 190.1 78.8 56.3 2274 5377 262.8
143.0 59.3 34.1 28.0 69.7 88.5 24.8 201.7 184.4 169.2 85.5 69.4 33.6 18.1 20.4 20.8 51.1 199.5 189.2 77.6 55.7 2193 5380 256.5
148.1 60.1 34.2 28.2 69.4 88.3 25.3 201.8 184.5 169.3 85.4 69.3 33.6 18.2 20.6 20.7 51.2 199.1 188.8 77.8 55.8 2193 5382 257.1 }
159.6 59.5 34.3 28.2 68.7 87.4 24,9 201.1 183.8 168.4 84.6 68.5 33.5 17.T 20.4 20.2 50.7 196.6 186.3  T7.5 55.2 2154 5390 257.9 I
172.6 59.5 33.8 27.9 68.3 86.8 23.6 199.9 182.3 167.0 84.0 6&7.T 32.7 16.9 19.7 19.7 50.0 194.5 184.5 T6.2 54.4 2095 5396 252.9 |
1871 60.4 4.6 28.6 T72.7 90.5 24.5 202.3 184.3 168.9  87.8 69.9 33.2 17.2 20.0 1 50.4 204.5 194.5 T6.6 54.7 1957 5360 249.9 |
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HEATING CAPACITY,

POWER INPUT, W BTU/HR cop

REFRLG~- REFRIG- COMPRESSOR

OUTDOOR ERANT AIR ERANT AIR ISENTROPIC

FAN COMPRESSOR  TOTAL METHOD METHOU METHOD METHOD EFFICIENCY
263 2345 2945 .26407 25899 2.63 2.58 0.510
265 - 2327 2929 26027 25517 2.60 2.55 0.506
266 2316 2920 25883 25264 2.60 2.54 0.506
266 2308 2911 25617 24860 2.58 2.50 0.507
266 2301 2904 - 25445 25002  2.57 2.52 0.509
267 2289 2893 25446 28638 2.58 2.50 0.509
268 2276 2881 25407 24518  2.58 2.49 0.510
270 2263 2870 24828 24273 2.54 2.48 0.503
270 2264 2871 24900 24411 2.54 2.49 0.505
270 2244 2851 25014 24192  2.57 2.49 0.509
270 - 2223 2830 24547 23960 2.54 2.48 0.503

269 2261 2867 23983 22898  2.45 2.34 0.507
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Table A.3. Test data observed for frosting ambient conditiomns of 1.7°C (35°F) and 70/

AIR TEMPERATURES, F REFRIGERANT TEMPERATURES, F REFRIGERANT PRESSURES, PSIA .
' OUTDOOR INDOOR
RUN RELATIVE COIL COIL COMPRESSOR REVERSING CONDENSER OUTDOOR TXV EVAPORATOR AVERAGE COMPRESSOR OUTDOOR TXV
TIME, HUMIDITY, VALVE EVAPORATOR EVAPORATOR v
MIN % IN ouT IN ouT IN ouT ouT IN ouT IN ouT IN ouT WALL IN ouT IN ouT IN
12.3 65.6 34.9 29.3 66.4‘ 87.3° 31.1 199.3 183.8 169.8 86.4 71.9 37.3 21.9 23.5 25.1 54.7 198.2 187.5 84,8 59.9
35.6 69.8 35.2 29.4 65.8 85.5 30.0 199.5 183.4 168.7 84.3 69.4 35.5 20.0 22.1 22.8 53.1 193.0 182.7 81.9 57.7
42.8 69.1 35.4 29.7 68.7 87.1 27.5 201.4 184.4 169.0 86.0 69.6 34.5 18.4 22.0 22.1 51.8 197.0 187.1 80.2 56.0
54.0 69.8 35.5 30.0 69.4 87.4 25.2 202.4 185.0 169.3 86.6 69.5 33.8 17.1 21.3 20.9 50.8 196.9 187.1 78.8 54.6
58.7 69.9 35.7 30.1 69.4 87.2 24 .4 202.3 184.5 168.8 86.4 69.1 33.0 16.4 20.8 20.4 50.2 196.1 186.5 7.4 53.9
69.6 70.2 36.1 30.3 69.5 86.7 23.4 201.8 183.7 167.7 86.1 68.6 32.0 15.0 19.9 19.1 48.8 194.2 184.7 75.7T 52.4
T4.3 69.6 35.7 30.1 69.3 86.3 22.6 201.0 182.7 166.6 85.7 68.0 31.2 14.3 19.1 18.6 48.1 192.7 183.4 T4.5 51.7
84.0 T0.4 35.9 30.2 T0.4 86.7 22.2 200.1 181.4 165.2 86.1 67.6 30.5 13.7 18.5 17.4 47.6 194.0 184.8 T2.9 51.1
97.0 T0.6 36.0 30.4 70.0 86.0 21.7 199.8 180.7 163.9 85.5 67.5 29.9 12.5 17.8 15.7 46.6 191.4 182.3 71.8 49.9
103.7 69.6 36.0 30.4 69.6 85.5 21.1 199.4 180.2 163.2 85.0 66.7 29.2 11.6 17.1 14.8 45.7 189.5 180.3 T70.7 49.0
115.8 69.2 36.2 30.6 72.2 87.1 19.8 199.3 179.5 162.3 86.6 66.9 28.1 10.5 15.7 13.2 44,8 193.6 185.0 68.6 47.9
123.0 70.3 36.0 30.6 69.3 84,7 19.0 198.9 179.0 161.3 84.5 66.0 27.4 9.5 15.2 12.3 44.0 186.5 177.9 67.3 47.0
139.8 69.2 36.0 30.5 68.9 83.2 17.0 196.2 175.7 157.4 82.8 64.2 24.8 6.9 13.5 9.8 4.9 182.0 173.8 64.2 44.6




relative humidity

HEATING CAPACITY,

R FLOW RATES POWER INPUT, W BTU/HR cop

REFRIG-

ERANT

FLOW REFR1G~ REFRIG- COMPRESSOR
'DOOR  INDOCR RATE, OUTDOOR ERANT AIR ERANT AIR ISENTROPIC
M LBM/HR  LBM/HR FAN COMPRESSOR  TOTAL METHOD METHOD METHOD METHOD EFFICIENCY
611 5394 280.2 264 2332 2933 26985 26411 2.70 2.64 0.507
1208 5412 270.9 268 2281 2886 26293 25589 2.87 2.60 0.503
095 5396 262.3 270 2271 2878 25337 23831 2.58 2.43 0.505
916 5393 252.1 270 2250 2857 24366 23300 2.50 2.39 0.496
865 5395 246.7 270 2231 2838 23866 23049 2.46 2.38 0.491
722 LAY 243.2 271 2196 2804 23530 22293 2.46 2.33 0.500
1653 5404 234.2 273 2177 2787 22693 22050 2.39 2.32 0.487
1602 5400 229.3 275 2168 2780 22140 21126 2.33 2.23 0.u485
1592 5407 220.8 278 2139 2753 21367 20764 2.27 2,21 0.479
407 5412 222.5 279 2111 2727 21541 20653 2.31 2.22 0.492
1394 5396 210.0 282 2102 2721 20224 19298 2.18 2.08 0.479
1368 5420 205.4 282 2063 . 2682 19952 20033 2.18 2.19 0.472
1103 543F 195.8 285 2005 2627 19058 18653 2.13 2.08 0.471
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ta observed for frosting ambient conditions of 1.7°C (35°F) and 80% relative humidity

HEATING CAPACITY,

REFRIGERANT PRESSURES, PSIA AIR FLOW RATES POWER INPUT, W BTU/HR cop
REFRIG-
ERANT
'ORATOR AVERAGE COMPRESSOK OUTDOOR TXV FLOW REFRIG~ REFRIG- COMPRESSOR
«m=-==  EVAPORATOR EVAPORATOR  OUTDOOR  INDOOR RATE, OUTDOOR ERANT AIR ERANT AIR ISENTROPIC
ouT WALL IN ouT IN ouT IN CFM LBM/HR LBM/HR FAN COMPRESSOR  TOTAL METHOD METHOD METHOD METHOD  EFFICIENCY
26.0 23.9 57.7 212.5 198.7 90.3 62.9 2034 5349 289.4 269 2433 3039 27322 26574 2.63 2.56 0.506
23.4 23.1 54.4 204.3 190.9 85.5 59.2 1781 5371 276.7 270 2339 2047 26370 25525 2.62 2.54 0.510
- 22.6 22.3 53.1 202.6 189.8 B2.5 57.6 1649 5376 262.6 272 2309 - 2018 25106 24516 2.52 2.46 0.499
| 21.4 21.2 51.6 199.6 187.2 80.4 55.9 1514 5383 247.6 274 2269 2880 23756 23643 2.42 2.51 0.483
20.0 19.8 49.8 196.9 184.8 T8.0 53.9 1438 5388 241.1 278 2222 2837 23149 22760 2.39 2.35 0.488
18.7 18.1 48.4  194.7 182.8 75.8 52.4 1305 5394 236.2 281 2185 2803 22711 22137 2.37 2.31 0.491
1649 15.9 47.0  193.0 181.6 T3.2 50.9 1305 5398 223.0 284 2150 2171 21461 21376 2.27 2,26 0.480
L 15.2 13.5 45.2  190.0 179.0 70.5 48.6 1112 5406 213.2 287 2104 2728 20546 20240 2.21 2.17 0.474
. 13.4 10.6 43.3 187.6 176.7 . 67.5 46.4 853 5413 207.3 250 2053 2680 19934 18967 2.18 2.07 0.485



Table A.4. Test d
AIR TEMPERATURES, F REFRIGERANT TEMPERATURES, F
OUTDOOR INDOOR

RUN RELATIVE COIL COIL COMPRESSOR REVERSING CONDENSER OUTDOOR TXV EV.
TIME, BUMIDITY, VALVE —
MIN % IN ouT IN ouT IN ouT ouT IN ouT IN ouT IN
12.1 80.1 35.9 32.1 T1.2 91.9 32.6 201.6 186.3 173.7 93.0 T76.5 40.3 24 ¢
21.1 80.8 35.5 31.3 69.8 89.6 28.7 200.8 184.7 171.3 90.1 73.3 37.6 21.:
27.1 80.7 35.7 31.4 T70.1 89.1 27 .1 200.8 184 .1 170.3 89.4 72.3 36.2 19.¢
32.9 80.9 35.4 31.1 T0.1 88. 25.2 200.7 183.4 169.2 86.8 71.5 35.0 18.:
38.9 79.9 35.3 30.8 70.3 87.9 23.9 200.2 182.4 167.5 88.2 7T0.3 33.5 16 .
45.1 80.3 35.4 30.8 T70.2 T.3 22.9 199.8 181.7 166.2 87.5 69.3 32.2 15 .
51.7 82.0 35.4 30.9 T0.4 86.9 21.0 198.7 180.1 164.4 87.2 68.7 30.8 13.°
58.4 78.3 35.4 30.9 70.5 86.1 1.2 197 .1 178.0 161.9 86.3 67.9. 29.0 11.7
65.4 82.2 35.9 31.0 70.8 85.4 17.7 194.9 175.2 158.6 85.6 66.9 26.0 8.¢
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Table A.5.

Test ‘data observed for frosting ambient conditioms of 1.7°C (35°F) and 90% relative hum:dity

AIR TEMPERATURES, F REFRIGERANT TEMPERATURES, F REFRIGERANT PRESSURES, PSIA AIR FLOW RATES

RE

OUTDOOR INDOOR E

RUN RELATIVE coIL COIL COMPRESSOR REVERSING CONDENSER OUTDOOR TXV EVAPORATOR AVERAGE COMPRESSOR OUTDOOR TXV F
TIME,  HUMIDITY, VALVE EVAPORATOR EVAPORATOR OUTDOOR  INDOOR R
MIN 3 IN ouT IN ouT IN ouT ouT IN ouT IN oUT IN ouT WALL IN ouT IN ouT IN CFM LBM/HR LB
11.9 g92.4 34.8 32.2 76.2 96.6 30.3 206.5 190.3 177.8  97.4 77.8 39.9 24.1 25.2 25;1 57.4 224.5 211.1  87.1 §2.4 1626 5320 2
18.0 89.8 34.2 31.6 T73.0 93.3 26.4 204.1 187.3 1T4.6 94,0 T75.6 3T.4 21.1  23.0 23.6 54,4  213.0 200.0 82.2 59.0 1407 5352 2
24.3 88.9 34.6 31.4  T1.3  90.4 25.4 200.%4 183.3 170.1  90.4 T2.3 35.7 19.2 21.9 21.8 52.4 204.6 192.1 79.0 56.8 1230 5380 2
30.8 90.2 34.3 31,1 T1.7  89.9 23.5 198.1 180.5 166.9 89.8 T71.0 33.9 1T7. 20.1 19.8 50.5 202.4 190.5 T76.7 54.9 1230 5385 2
37.5 85.3 34.1  31.0 T71.8 89.2 21.9 196.5 178.6 164.6 89.2 T0.1 32.4 15.T 18.2 17.5 48.7 199.7 188.0 T4.3 53.1 1103 5392 2
48.0 91.7 35.0 31.6 72.0 88.3 18.9 193.9 175.3 160.9 88.3 69.3 29.7 12.5 15.2 13.4 46.0 195.8 184.5 70.5 49.9 980 5400 2
55.4 90.4 35.0 31.6 T72.0 87.2 *16.9 189.8 170.7 156.0 87.1 67.8 26.7 9.5 13.0 10.2 43.5 191.9 181.3 66.4 47.1 674 5411 2



HEATING CAPACITY,

POWER INPUT, W BTU/HR coP

FRIG-

RANT

LOW REFRIG- REFRIG- COMPRESSOR
ATE, QUTDOOR ERANT AIR ERANT AIR ISENTROPIC
M/HR FAN COMPRESSOR  TOTAL METHOD METHOD METHOD METHOD EFFICIENCY
80.3 270 2472 3079 26227 26046 2.50 2.48 0.506
Su4.4 272 2372 2981 25022 26073 2.46 2.56 0.493
57.9 276 2306 2919 24569 24532 2.u47 2.46 0.496
45.6 279 2263 2879 23361 23520 2.38 2.39 0.490
36.4 282 2217 2836 22488 22515 2.32 2.33 0.491
24.3 288 2144 2769 21326 21126 2.26 2.24 0.495

09.1 290 2081 2709 19864 19740 2.15 2.14 0.487



APPENDIX B.
COMPUTER PROGRAM FOR THE DATA-ACQUISITION SYSTEM

The data acquisition system used in the experiments described in this report consisted principally
of an analog-to-digital converter, a scanner, and a Digital Equipment Corporation PDP-8E mini-
computer. The programs stored in the minicomputer were written in a modified version of the
FOCAL language; they are presented here in flowchart form so that they may be readily under-
stood.

At the introduction to each flowchart, the teletype (TTY) entries required to run that particular
program are noted; for example, to run the heat balance and coefficient of performance program,
one would enter “GO 3.1”.
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Initial Scan and Humidity Control

GO 1.1

7

ASK FOR:
AUTO (AUTOMATIC HUMIDITY CONTROL)
1 = AUTO
0 = MANUAL
SCN (SCAN INTERVAL, SEC) = SC
SET SCAN NUMBER NN =0
SET START TIME BE = CLOCK

READ AND STORE: ,
-REFERENCE RESISTOR DRIFT CORRECTIOM = ER
-RTD READINGS FOR C/A AND CU/CONST THERMOCOUPLE
REFERENCE JUNCTION BOXES

(NO)

READ AND CONVERT TO °F
T54 = A(173) AIR TEMPERATURE ENTERING OUTDOOR UNIT
EXECUTE HUMIDITY CONTROL ROUTINE: (D 10)
-MONITOR HUMIDITY PROBE (R1)
*MONITOR HUMIDITY SET POINT (SP)
-CALCULATE REQUIRED POSITION OF CONTROL VALVE (%V)
-SET CONTROL VALVE OF OP. AMP INTEGRATOR TO
CORRESPONDING VOLTAGE

UPDATE SCAN NUMBER: NN = NN + 1

PRINT: ENTERING OUTDOOR AIR TEMPERATURE
ENTERING OUTDOOR RELATIVE HUMIDITY
SET POINT RELATIVE HUMIDITY
VALVE POSITION (PERCENT CLOSED)

;

ASK: ARE HUMIDITY AND TEMPERATURE AT STEADY STATE
CONDITIONS?

(YES)
3.1
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Scan and Heat Balance Program for Averaging over an Integral
Number of R-22 Flow Rate Oscillation Cycles

GO 3.1

‘

LIST:

FOR K =

ASK FOR:

DTR (TIME BETWEEN RUNS, SEC) =
SCN (TIME BETWEEN DATA SCANS, SEC) = SC
NACY (NUMBER OF CYCLES OF REFRIGERANT FLOW RATE
OSCILLATION OVER WHICH MONITORED MEASUREMENTS
ARE AVERAGED) =
PWR (POWER INPUT TO CENTRIFUGAL FAN OF INDOOR
UNIT, WATTS) = P|
AUTO (AUTOMATIC HUMIDITY CONTROL) =
AUTO = 1.
MANUAL = O
'COIL](PRINT HEAT EXCHANGER COIL TEMPFRATURES) co
YES
0 =NO
MFAN (MASS FLOW RATE OF AIR ACROSS INDOOR UNIT,
LBM/HR) = MF

SET START TIME TO = CLOCK
SET FSTR INDEX VALUES FOR DATA SCAN

BS = BEGIN SCAN INDEX
ES = END SCAN INDEX

BS,ES: SET A(FSTR(K)) =
CLEARS STORAGE LOCATIONS FOR DATA INPUT AVERAGING

3.25
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Scan and Heat Balance Program - continued

(.A) 3.25

SET N = 0 (SCAN COUNTER)
PUNCH AND TYPE DATE AND TIME
EXECUTE HUMIDITY CONTROL (DO 10)

INITIATE SEARCH FOR MINIMUM POINT OF R-22 FLOW RATE
OSCILLATION CYCLE (GO 12.1)

SET BE = CLOCK
SET LOW FLOW SIGNAL (LF) FOR INFLECTION POINT SEARCH

12.2 i

WAIT FOR SC INTERVAL TIME TO EXPIRE
READ R-22 FLOW A(122) = A

YES

FLOW > LF

12.6 NO
12.4

SET SF = A(122) = A

WAIT FOR SC INTERVAL TIME TO EXPIRE
READ R-22 FLOW A(122) = A

YES
. ) FLOW < SF

NO

MINIMUM CYCLE POINT DETECTED
EXECUTE HUMIDITY CONTROL (D 10)

bi
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Scan and Heat Balance Program - continued

3.3

SET BE = CLOCK
SET TR = CLOCK + DT (TIME FOR START OF NEXT RUN)

READ AND STORE:
REFERENCE RESISTOR DRIFT CORRECTION = ER
RTD READINGS FOR C/A AND CU/CONST THERMOCOUPLE REFERENCE
JUNCTION BOXES

UPDATE SCAN COUNTER N = N + 1
SET NUMBER OF SCN AVERAGES COUNTER AN = 0
CLEAR STORAGE LOCATIONS FOR DATA INPUT AVERAGING A(FSTR(K))=0

» 16.1
v
UPDATE NUMBER OF SCAN AVERAGES COUNTER AN = AN + 1
° FOR K = BS,BE: SET I = FSTR(K) ASSIGN FSTRS
READ DATA POINT I, SET READING = A

1’16.2

WAIT FOR SC TIME TO EXPIRE
READ R-22 FLOW A(122) = A

SCAN ALL DATA POINTS AND ACCUMULATE EACH FOR AVERAGE AN=AN+ 1

v

WAIT FOR SC TIME TO EXPIRE
READ R-22 FLOW A(122) = A
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Scan and Heat Balance Program - continued

':L16L4
SET SF = A = A(122)

SCAN ALL DATA POINTS AND ACCUMULATE EACH FOR AVERAGE
AN = AN + 1

WAIT FOR SC INTERVAL TO EXPIRE

READ R-22 FLOW A(122)

YES
< FLOW < SF

NO

CYCLE COMPLETED:
UPDATE CYCLE COUNTER N = N + 1
EXECUTE HUMIDITY CONTROL (D 10)

N
—d 0 NA > N

YES
3.45

CALCULATE RAW DATA VOLTAGE AVERAGES FOR EACH INPUT A(I)=A(I)/AN
CONVERT AVERAGE VOLTAGE READING TO ENGINEERING UNITS

STORE RESULT IN A(I)

MONITOR RELATIVE HUMIDITY (R2) AT EXIT OF OUTDOOR UNIT

PRINT AND PUNCH NUMBER OF DATA SCANS ACCUMULATED

CALCULATE R-22 MASS FLOW (=MR) USING R-22 TEMPERATURE A(165)

TO OBTAIN DENSITY
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- Scan and Heat Balance Program - continued

EXECUTE H. BAL.  YES

22.1

NO (OMIT HEAT BALANCE CALCULATIONS)

R1, R2, MR, MF

PUNCH AND TYPE: CYCLE LOOP DATA — A(FSTR(K)) BS - ES

READ,. CONVERT, AND PRINT .
INDOOR AND OUTDOOR COIL
TEMPERATURES

SET TIME FCR START OF NEXT RUN

GO 3.25

4@ <

WAIT FOR SCAN INTERVAL TIME TO EXPIRE
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Scan and Heat Balance Program - continued

HEAT BALANCE
<:E:> 20.1
P = A(123) - 3 CONDENSER INLET PRESSUPE ESTIMATE, PSIA
CALCULATE:
.TSAT (=TS) FROM P

*hg (=HG) FROM T,

-SUPERHEAT SW = A(104) - TS

-sh/st (=HT) FROM P

INDOOR COIL INLET ENTHALPY H5 = HG + HT * SW
P =P - A(120) INDOOR COIL EXIT PRESSURE

CALCULATE:
'TSAT (=TS) FROM P

*hf (=HF) FROM TSAT
'Cp (=CP) FROM Tsat
-INDOOR COIL EXIT ENTHALPY H(26) = HF - C_ * (TS - A(165))

p
FROM TSAT AT OUTDOOR COIL ENTRANCE A(168)
CALCULATE:
'PSAT (=PU) FROM TSAT
-OUTDOOR COIL EXIT PRESSURE P = PU - A(121)
'TSAT FROM P

‘Hg (=HG) FROM TSAT

-SUPERHEAT SH = A(170) - TS
«6H/S8T (=HT) FROM P
-OUTDOOR COIL EXIT ENTHALPY H(51) = HG + HT * SH

IF SH IS NEGATIVE, ASSUME SATURATED MIXTURE AND SET H(51) = HG
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Scan and Heat Balance Program - continued

P = A(127) COMPRESSOR SUCTION PRESSURE, PSIA
CALCULATE:

TS, HG, HT FROM P

SUPERHEAT SR = A(100) - TS

CALCULATE INLET COMP. ENTHALPY H1 = HG + HT * SR
IF SR IS NEGATIVE, SET H1 = HG

P = A(123) COMPRESSOR DISCHARGE PRESSURE, PSIA
CALCULATE:

TS, HG, HT FROM P

SUPERHEAT SW = A(102) - TS

DISCHARGE ENTHALPY H2 = HG + HT * SW

PERFORM HEAT BALANCES
COMPRESSOR SHELL HEAT LOSS (=QS)
QS = MS * (H2 - H1) - A(128) * BW
OUTDOOR COIL CAPACITY
Q0 = MR * (H(51) - H(27))
HEAT PUMP POWER CONSUMPTION (CD)
CD = PW + A(128) + A(129)
INDOOR COIL CAPACITY
AIR SIDE: QA = MF * 0.24 * (A(176) - A(175))
R-22 SIDE: QH = MR * (H5 - H(26)) + PW * BW
COP-R QH/(CD * BMW)
COP-A QA/(CD * BW)

WHERE: MR - R-22 MASS FLOW RATE, LBM/HR
MF - INMDOOR AIR MASS FLOW RATE, LBM/HR
A(128) - COMP. POWER, WATTS
A(129) - OUTDOOR FAN POWER, WATTS
PW - INDOOR FAN POWER, WATTS
BW - CONVERSION 3.413 BTU/WATT-HR

v
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Humidity Control Routine - DO 10 (See Fig. 8)

READ AND CALCULATE UPSTREAM RELATIVE HUMIDITY (=R1, %)
READ HUMIDITY LEVEL SET POINT (=SP, %)

*SET RH ERROR EX = SP - Rl :

*CALCULATE REQUIRED VALVE POSITION FOR RH CORRECTION
V(NEW) = V(OLD) - EX/4 + 13 * (Rl - RL)/(FTIM( ) - TL)
WHERE: RL = PREVIOUS RH READING

FTIM( )} = PRESENT CLOCKTIME
TL = PREVIOUS CLOCKTIME OF RH READING

SETV =20 SETV =10
FULLY OPEN FULLY CLOSED
POSITION POSITION

READ OPERATIONAL AMPLIFIER INTEGRATOR SIGNAL OUTPUT (=A)
CALCULATE VOLTAGE ERROR PO =V - A

YES

PO| < .05V ——

CLOSE CONTACT #2
DRIVE INTEGRATOR

QUTPUT MORE NEGATIVE

e

CLOSE CONTACT #1
DRIVE INTEGRATOR
OUTPUT MORE POSITIVE

READ INTEG. (=A)

Dl 1.4

READ INTEG (=A)

YES

(A-V) < O

OPEN CONTACT #2

OPEN CONTACT #1

i
10.9%

SET: SL = SP TL = FTIM( ) RL = R]
PRINT RESULTS: RH, SET POINT, VALVE POSITION

|
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Humidity Conversion Routine (Part I)
‘Measure Humidity Probe Output, Convert to Equivalent "Dial Reading"

60 13.1

j

READ RESISTANCE OF PROBE (I) (ONCE EACH POLARITY*),
READ REFERENCE RESISTOR
AVERAGE + AND - READINGS

' I

HIGH NO | IS RESISTANCE YES
4 READING IN LIMITS >—
tLOW . ,

| 13.7

13.8 '
TYPE TYPE
"HUM I > LIM" WHUM T < LIM®
SET - - SET .
"DIAL READING" = 1 "DIAL RDG" = 0

v

CALCULATE SENSOR RESISTANCE FROM CIRCUIT RESISTANCE
CALCULATE DIAL READING (=Y) USING POLYNOMIAL FIT
FROM SENSOR RESISTANCE '

v v

I

SET X = Y * 100
% DIAL READING

®

*Dunmore-type lithium-chloride hygrosensors are polarity sensitive
and normally require a-c excitation. Reading the reference re-
sistor after reading the probe,is done only to remove the current
excitation from the probe.
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Humidity Conversion Routine (Part II)
Calculate % RH from Equivalent Dial Reading (EDR) = x% (DO 13)
and Temperature at Probe (=T, °F): A{173) for Rl

A(174) for R2

G0 14.)

v

SET I = 44 (FSTR INDEX FOR POLY. FIT COEFFICIENTS)

DO 2 (POLY. FIT ROUTINE - CONVERTS %EDR TO %RH AT A REFERENCE
TEMP. OF 80°F, =Y)

SET X = Y (=%RH800F)

'S

CORRECT %RH FOR ACTUAL TEMP. AT PROBE (=T, °F)

SET 1=36 FSTR POLY.
FIT FOR 20°F COR-
RgCTION CURVE

DO 2 - RH%. o

SET R=y  20°F

SET 1=32 FSTR INDEX
FOR 0°F CURVE

DO 2 -> RH%OOF

SET D=0

A 4

CALCULATE Y=%RH CORRECTION
FROM CURVE FOR 60°F
SET Y=3.4

INTERPOLATE:

SET R(%RH)=X+(80-T)/(Y-22)

14.3

CORRECTION CURVE
DO 2 » RH%4OO

SET I=40 FSTR POLY. FIT FOR 4Q°F

F
SET R=Y
SET R=Y = °
SET I=36 FSTR INDEX FOR 20°F CURVE BSTZI+42H(INDEX FOR 40°F CURVE)
DO 2 ~ RH%20°F 40°F
SET D=20 SET D=40

OBTAIN 60°F CORRECTION (DO 3.4)
(=Y, A%RH FROM 80° CURVE)

g:t14.4 !g
INTERPOLATE :

SET R(%RH)=X+Y-(D-T)(R-Y)/20

-

EXIT



APPENDIX C.

PERFORMANCE AT —8.3°C (17°F)

The frosting results observed at —8.3°C (17°F) are similar to those discussed in Sect. 7.1.3 for
tests at —6.7°C (20°F). Acute frosting was observed during the 90% humidity test run, and 90% of
the free-flow area of the outdoor heat exchanger was blocked with frost at termination of the test.
Light frosting occurred during the 70% humidity test run, with no appreciable accumulation at the
end of the test. At completion of the 90% humidity run, 2.93 kg (6.45 Ib) of frost was collected.
The performances of the heat pump and the outdoor airflow are shown in Figs. C.1 through C.5.
Comments and discussion of the results at —6.67°C (20°F) are applicable to the data in this

appendix.
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cop
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1 T i I_ 3.0
4 25
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° 607 q 8
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x 907
l 1l | I.‘ 10
30 60 90 120
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Fig. C.1. COP measured at —8.3°C (17°F).
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