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ABSTRACT

A computer simulation model was developed to analyze the performance of a water-cooled
centrifugal chiller. The model is based on a heat pump thermodynamic cycle and empirical
correlations for the performance of the system components, The system simulated is composad
of & variable-speed centrifugal compressor with a hot-gas bypass aﬁtinn for capacity control,
two shell-and-tube heat exchangers, and an expansion device. The model was validated and
calibrated agalnst the experimental test results of a 125-ton chiller. The performance of a
simllar chiller system at various operating conditions and design modifications was analyzed.
System performance comparisons were made between a baseline case, cases with high-performance
heat exchanger tubes and compressor motor, and various variable-speed compressor operating
strategies. It was found that significant performance improvement can be realized by using
variable-speed drive and an on-demand control strategy.

INTRODUCTION

Centrifugal chillers are often used to meet large-scale air-conditioning or cooling nesds in
commercial bulldings, shipboard, and industrial applications. In the U.S. commercial sector
alone, more than 40% of the total commerclal air-conditioning equipment capacity is provided
by centrifugal chillers (TRW 1982). While the number of centrifugal chiller units is far less
than that of residential air conditioners, their total resource energy consumption is
nevartheless substantial,

Several computer simulation models (Freeman et al. 1975; Hiller and Glicksman 1976;
Flower 1978; Ellison and Creswick 1978; Fischer and Rice 1983; and Domanski and Didion 1981)
have been developed to study residential air conditioners and heat pumps for design and
performance I{mprovements. The Freeman et al. (1985) model was used to compare solar systems
with air-to-air systems for residential applications, The Domanski and Didion (1983) model
contained detailed reciprocating compressoy, capillary tube, and alr-to-air heat exchanger
models, Ellison and Creswick (1978) combined the trio of Hiller and Glicksman models (1976)
and introduced more user-convenient reciprocating compressor and flow expansion device
subroutines. This residential, air-to-air heat pump computer model was further developed into
a computer-aided design tool for performance fmprovement studies (Rice et al. 1981) by
including two types of reciprocating compressor representations, more flow expansion  devices,
and a variety of air-to-refrigerant heat exchanger geometry options (Fischer and Eice 1983},
Oliver, Sepsy, and Jones (1973) analyzed & commercial-sized air-conditioning system using
reciprocating compressors. Computer simulations for performance improvement of centrifugal
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chillers are scarce. All of the above models used reciprocating compressors and refrigerant-
to-air heat exchangers. Thus, none of them were suited for the centrifugal chiller systen
with refrigerant-to-water heat exchangers presented in this paper. The davelopment of a
compiiter model for centrifugesl chillers with refrigerant-ro-water heat exchangers has been
discussed by Hwang et al, (1945).

Centrifugal chillers are generally more energy efficlent than residential &ir.
conditioning/heat pump wunits, However, energy saving opportunities for chillers do exist.
This paper presents the results eof a parametric performance study, carried out Ehreugh
computer simulation of a centrifugal chiller under varicus design/component variations and
operating conditions. Simulation results of a baseline case were validated against actual
capacity test data. Two centrifugal chiller design variations were analyzed using seawater as
the heat sink for the c¢ondenser, and the analytical results are presented,

MODEL DESCRIPTION

Bagiec cle

A schematic of a basic centrifugal chiller with & hot-gas bypass control is shown in
Figure 1. The principal components of the system include & motor-driven centrifugal
compressor, a shell-and-tube condenser, a shell-and-tube evaporator, and an expansion davice.
Refrigerant wvapor is compressed from & low-temperature, low-pressure state to a higher
pressure in the compressor. The resulting refrigerant state is at a much higher temperature.
The hot wapor then passes into the condenser where it condenses on heat exchanger tubes,
heating the water that flows through the tubes. The hot liquid refrigerant then flows thrnugh
an expansion valve, dropping to a 1uw-tnmpn:aturo, low-pressure state with a mixture of liquid
and vapor, two-phase refrigerant. This cold refrigerant then passes into the evaporator where
it boils as it comes in contact with heat exchanger tubes, cooling the water that flows
through the tubes, The resulting low-pressure refrigerant vapor then reenters the compressor,
starting the cyecle again., The motor generates a small amount of heat because of its
Inefficiency, which is absorbed by passing refrigerant through it, using either (1) the
refrigerant vapor leaving the compressor or (2) the refrigerant liquid leaving the condenser.

The hot-gas bypass option is a conventional means for capacity control. When the hot-gas
bypass is wused, some saturated refrigerant vapor bypasses the condenser and enters the
evaporator, resulting in reduced heat transfer rates in the condenser and evaporator. The
bypass Is necessary to prevent compressor stalling at low capacity. : 4

The heat pump model is bassed on the heat pump thermodynamic cycle and uses empicical
correlations for the performance of the system components. The basic thermodynamic cycle used
for the calculations is shown In Flgure 2 as a pressure vs. enthalpy diagram in which the
calculation points are numbered 1 through 11. ;

The iterative calculations begin at point 1, the entrance to the compressor, Polnt 2
represents the exit from the compressor, and, if the motor is cooled by the discharge line,
point 3 represents the state of the refrigerant after it has passed over the motor. Point s
represents the refrigerant state after isentropic compression. Entrance to the condenser }F
point 4 due to pressure drop in the discharge line, saturated vapor occurs at point §, jand
saturated liquid occurs at condenser exit at point 6. With a subcooler, subcooling of Lhu
refrigerant may occur between points 6 and 7. Without a subcooler, point 7 will be the same
as point 6. Entrance to the expansion device is at point 8 due to pressure drop in the liguid
line, If the motor is cooled by the liquid line, point 8 will be at a higher nnthalpy Lhar S
point 7. Entrance to the evaporator is at point 9 and exit is at point 11, which, unless the
hot-gas bypass is active, is usually the same as point 10, saturated vapor, becasuse virtu#{%y
no superheating is expected in a pool boiling evaporater before the Vapor rnanta:s th‘&
compressor. The hot-gas bypass flow proceeds from point 5 to point 11, mixing "uith
refrigerant in the evaperstor. —H

The compressor suction line is between points 11 and 1, and the discharge line is hﬂlﬂ'ﬁ“?
points 3 and 4. A liquid line runs between points 7 and 8. Pressure drops are calculated for
each of the three refrigerant lines mentioned above. Most of the state point calculations ard.
done by refrigerant properties subroutines based on equations by Downing (1974). 1o oA
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Starting Conditions

An initial guess is made for the condenser and evaporator saturation temperatures. The
required refrigerant mass flow rate may be calculated as

iy = Qg/(hy; = By) (1)
whera
h,; = refrigerant enthalpy at evaporator exirt,
hg = refrigerant enthalpy at evaporator inlet,

= required refrigerant mase flow rate,
= specified cooling capacity.

O

Centrifugal Compressor Model

The centrifugal compressor is modeled from a compressor map that was digitiged and fitted
to a set of bipolynomial equation coefficients. From this map, the compressor flow capacity,
f., and isentrople efficiency, n., are determined as functions of rthe Mach number, M,
volumetric flow coefficient, 8, and the head coefficient, 0:

= @ (M) @

g =1, (9,0) , (3)

& (4)

= .
ad

B

Q= (h - hlj,-’:z . (5)

M-4¢xdfa, (6)

where

= sonic veloclty at compressor suction,
= impeller diamater,

= refrigerant enthalpy after isentropic compression,

= refrigerant enthalpy at compressor suction,

= compressor flow capacity (the refrigerant mass flow rate at full capacity),
= Mach number at impeller tips,

= isentropic efficiency,

compressor flow coefficlent,

= refrigerant specifie volume at compressor suction,

= constant (3.141593),

compressor speed,

= compressor head coefficlent.

H‘H 'lb“ﬂ :‘Hjﬂ.r-?nw (="}
]

D9 a
I

The actual refrigerant mass flow rate, f, is given by
h = the smaller of thp and dy (7)

If iR > EF' the specified cooling capacity canmot be met. The refrigerant enthalpy at the
compressor discharge, h?' may be caleulated by:

h, = hy +.(h, - hlifu’. (8)
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where h, is refrigerant enthalpy at compressor discharge. The heat added to the refrigerant
after compressor discharge is calculated by

hy =By + By = P/ )
Pin - IIsh’fﬂm : (10)
Py~ (hy-h) , (11)
where
h3 = refrigerant enthalpy after passing over the motor,
Pin = Input power to motor,
Pﬂh = compressor shaft power,
n, = motor efficiency caleculated as a function of Psh'

Shell-and-Tube Condenser and Evaporator Modals

The heat exchanger models (shell-and-tube type with refrigerant on the shell side and
water inside the tubes) calculate the heat transfer rate, (), based on the log mean temperature
difference between the refrigerant and water and an overall heat transfer coefficient that
includes a water-fouling coefficient, the conduction coefficient in the tube wall, the water-
side heat transfer coefficient for water flowing in the tubes, and a condensing or bolling
heat transfer coefficient for the condenser or evaporator, respectively:

I A 1MTD , {12)
=1 -1 -1 -1
U= 1/ + B o +H L +H D), (13)
——— Tw,nut £, Tw.in {14)
Inf(T e = Tw.in};[Tnut - Tw,uut}J
where
Au = total outside heat transfer area of the heat exchanger, -
Hfuul - water-fouling heat transfer coefficient (corrected to A ),
HE = refrigerant condensing or beiling heat transfer cneftic?ant for the condenser
or evaporator, respectively (based on A},
Haw = watar-side heat transfar coefficient (corrected to A ), 1a
H T s tube wall gonductive heat transfer coefficlent (corrected to A ),
8]
= log mean temperature difference between refrigerant and water,
1n = natural logarithmic function,
Q = heat transfer rate, based oen LMTD, for the condenser or evaporator,
Tsat = refrigerant saturation temperature,
T“ Einn water Inlet temperature,
T“'Gut = water outlet tempesrature,
i = overall heat transfer coefficient.

The water-side heat transfer cuafficiant,_ﬁw.-ta based on General Electriec  Company (1971,
1973), the condensing heat transfer coefficlent on correlations from Beatty and Katz (1948),
and the boiling heat transfer coefficient from

gl = A 87, (15)

where AT is ths average temperature difference between tube wall and refrigerant and A and ¢
are constants;for the boiling heat transfer coefficient. These constants were supplied by the
tube manufacturers based on experimental data.
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The heat transfer rates, based on the refrigerant states and flow rate, are given by

- hy) , (16)
g, = b, - b)) , (an

wharea

hﬂ = refrigerant enthalpy at condenser inlet,
h? = refrigerant enthalpy &t condenser exit, . _
Q_ = heat transfer rate in condenser based on the refrigerant states and flow rate,

Q: = heat transfer rate in evaporator based on the refrigerant states and flow rate.

An energy balance on the hest exchangers is performed iteratively over the refrigerant
saturation temperatures until the heat transfer rate Q from Equation 11 equals O for the
condenser iteration and § for the evaporator iteration. An iteration over the :unpr:ssnr and
heat exchanger modals ga necessary to converge on a value for m that provides an eneTgy
balance in the heat exchanger models at the appropriate Tsat values in each heat -exchanger.

Hot-Gas Bypass

The hot-gas bypass option is activated in the model if Q is less than a given walue
specified in the input data. If the bypass is active, refrigerant vapor, which has been
cooled to saturation temperature in the condenser, peint 5 in Figure 2, passes from a point in
the condenser shell above the liquid pool through the bypass valve and into the evaporator
shell.

Befrigerant flow through the hot-gas bypass Is regulated by an qpigicn. The flow through
the orifice is assumed to be critical and the refrigerant mass flow rate, ﬁn. iz given by

iy = kg (B0 (18)

where

-
bnownoe o

= an emirically derived constant, ke

- refrigerant mass flow faﬁf in the hot-gass bypass,
= refrigerant pressure at point 5,

refrigerant specific volume at point 5.

o

v

To maintain the specified cooling capacity, Q'} based on mass and energy balances In the heat

pump system, the required mass flew rate, m,, in Equation 1 is increased by
; : T

iy = g+t by =B/, <) e

whera h5 {s the enthalpy of saturated refrigerant vapor in the condenser. Likewise, the
evaporator and condenser heat transfer rates, q“ and QE, in Equations 16 and 17, respectively,
ara adjusted by

q, - Qﬁ = g (hg - hy) , (20)
G, =, ~lglhe.ba) | ; (21)

where l-.|.s is the refrigerant enthalpy at the condenser exit.
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VERIFICATION OF CENTREIFUGAL COMFRESSOR HEAT PUMP MODEL

The water-to-water heat pump model (Hwang et al. 1985) was employed to simulate the
performance of centrifugal chillers. The performance characteristics for flow capacity and
efficiency of the centrifugal compressor are specified by coefficients for polynomial and
bipolynomial functions of the Mach number of the impeller blade tips, the compressor head
coafficient, and volumetric flow coefficient. Additfonal design-specific and geometricsl
parameters are needed to determine practical performance characteristics for a heat pump or
chiller system. Ordinarily, many of the transport mechanisms involved in heat pump or chiller
operations, design factors, and pgeometric constraints &re parameterized as empirical
correlations, some of which are design specific. To maintain the proper degree of accuracy of
the simulations, these warlables may have to be fine-tuned by a comparison between a ser of
computer simulation runs and the corresponding controlled experiments, Essentially, chis
process calibrates and validates the computer model,

Capacity Test Results

Capacity tests of a 125-ton (440-kW) centrifugal chiller were used to calibrate and
validate the heat pump model. The chiller system has the following design specifications.

R-114 working fluid,

125-ton (440-kW) cooling load at design point,

88 F (31°C) condenser water inlet temperature,

500-gal/min (31.5-L/s) condenser water flow rate.

44 F (6.7"C) evaporator water exit temperature.

450-gal /min (28.4-L/s) evaporator water flow rate.

Hot-gas bypass used below 95 tons (334 W) of cooling.

Condenser tubes: 26-fin/in (1.02-fin/mm) fin spacing, 3/4-in (19-mm) 0D, 90/10 CuNL,
B-ft (2.4-m) length, 123 tubes per pass, and 2 water-side passes.

9. Evaporator tubes same as condenser tubes except copper tube material.
10. HNo subcooling or evaporator superheat.

11. Metor heat rejection te the liguid line,

.

0 o= v LN g pyoe

Numerous computer runs corresponding to the capacity test were made to ecallbrate the
simulation vresults, Correctlon factors were calculated and applied to each of four variables
as follows: isentropiec efflclency -- 0.96, hot-gas bypass flow coefficient -- 1.5, condensing
heat transfer coefficient -- 0.50, and evaporating heat transfer coefficlent -- 0.83. A
comparison of the calibrated results with the capacity test results is shown in Figure 3.

Each of the four wariables was multiplied by its corresponding correction facter by all
the simulations presented in this paper, Since all of the cases were variations of the same
heat pump system, any conclusions reached from comparisons of results should be valid
regardless of any inaccuracies in the correctien factors,

PARAMETRIC STUDY

The calibrated heat pump model was used to analyze the performance of an existing 125-ten
(440-kW) centrifugal chiller system at various operating and design-modification conditions.
The simulation results of (1) a baseline case, (2) & medified baseline (MB) case with a
slightly higher condenser water flow rate, (3) three design-component-variation cases, and (4)
four different variable-speed centrifugal compressor cases are presented below,
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Simulatien of the BRaseline Case

The designated 125-ton baseline case Is specified only for the purpose of conducting the
parametric analysis. Three additional conditions are imposed.

1. Condenser water flow rate is constant at maximum value, 500 gal/min (31.5 L/8), only
when the condensing temperature is >90 F (32°C).

2. Condensing temperature is =90 F (32°C).

3, If the condensing temperature is 90 F (32°C), the condepser water flow rate {s reduced
to obtain an energy balance at that condition [{.e., condenser water flow rate is held
at a fixed design value unless it must be reduced to keep the condensing temperature
from falling below 90 F (32°C)).

Runs of the baseline case ware made ar condenser water inlet temperatures (CWTI) of &3,
B3, 80, 75, and 70 F (31, 29, 27, 24 and 21°C).

Resulting curves for the bhaseline case are shown in Figure 4. Comprassor power
consumption decreases with decreasing cooling load in all cases, with a power surge occurring
at 95 tons (334 kW) where the hot-gas bypass kicks on. Power also decreases with CWTI until
the condensing temperature drops to 90 F (32°C), at which point the condenser water flow rate
is adjusted to maintain the 90 F (32°C) condensing temperature. Note that whén the condensing
temperature is 90 F (32°C), the compressor powsr becomes independent of CWT1 because the power
s dependent on the refrigerant-side conditions only and the water flow is varied with OWTI to
maintain constant refrigerant-side conditions,

A Modified Baseline Case

The designated modified baseline (MB) case is like the 125-ton (440 kW) capacity test
design except that the condensing temperature constraint was removed and a higher condénser
water flow rate of 636 gal/min (40.1 L/s) was fixed for all condensing temperatures, The
higher condenser water flow rate resulted in about a 1% reduction in power consumptior when
compared with the simulation of the capacity test conditions.

Figure 5 shows simulations of the MB case made at CWTI.values of B8, 70, 55, 35, and 28 F
(31, 21, 13, 1.7 and -2.2°C). As in the original baseline case, power decreases with load at
a glven value of CWTI. Also, there is & power surge at 93 tons (334 kW) at the hot-gas hypass
point, It 1s noted that removal of the 90 F (32°C) condensing temperature constraint allows
for power savings at the lower condenser water temperatures.

Design Component Variations

Design component variations were made on the MB case to show the effects of adding more
effective components to the system. Case MB-1 is similar to the MB case except that hot-gas
bypass is used only when necessary to prevent compressor stalling, which will oeceur If the
refrigerant flow rate becomes too small, instead of the 95-ton (334 kW) load criterla. Cases
MB-2, MB-3, and MB-4 represent cumulative improvements over case MB, as a new improvement 1is
added in each subsequent case, starting from the MB case. These improvements are defined as
follows.

{ = For MB-2, the 26-fin/in (1.02-fin/mm)  condenser tubes are replaced by &40-fin/in
(1.57-fin/mm) tubes, ;
= For MB-3, the 26-fin/in (1.02-fin/mm) evaporater tubes are replaced by tubes with . an
enhanced coating to inerease the bolling heat transfer.
= For MB-&4, the original compressor motor is replaced by a high-efficiency motor.

Performance curves of case MB-1 are shown in Figure 6. Cases MB-2 through MB-4 -‘appear
similar to case MB except that the input power for each case is slightly lower than the
previous case, respectively, with greater differences at large cooling loads and negligible
differences at minimum load. Table 1 presents results for cases MB, MB-2, MB-3, and MB:4 for
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comparison. Figure 6 shows a large range of part-load conditiens in case MB-1, above 40 tons
(140 kW), where the hot-gas bypass was unnecessary to prevent compressor stalling, A
significant amount of energy could be saved if the bypass could be controlled to come on only
when stalling is likely and not before. The predicted performance curve for case MB-2
resulted in a 3.8% improvement in power consumption over that of the MB case at the design
point of 125-tom (440-kW) load and B8 F (31°¢) CWTI. However, at parc-load and lower valussg
of CWTI, the improvement was significantly smaller. The predicted performance for case ME-3
resulted in a large reduction in power, 3% to 8%, over all values from 50% to 100% load,
However, as the load dropped to 20%, the enhanced tubes in the evaporator required more power
than the 26-fin/in (1.02-fin/mm) finned tubing. Case MB-4 yielded a 5% reduction in powar at
full-load and 88 F (31°C) CWTI and almost no reductlon at 50% load and 70 F (24°C) CWTI.
Below 50% load and 70 F (23°C) CWTI, the high-efficiency motor became less efficient than the
original motor because its performance drops off rapidly when the power required is small,

All of the design-component improvements were not vary effective at conditions where
power consumption was small but became far more effective when power requirements were high.

Variable-Speed Cases

In the variable-speed centrifugal chiller simulatiors, the compressor speed . was reduced
as the CWTI decreased. This lower speed resulted in greater isentropic efficiency because the
compressor was operating closer to full-load conditions. This was accomplished by reducing
the speed, ¢, and subsequently, the Mach number, M, in Equation 6 until the mass flow rate at
full capacity, L (Equation 2), equaled the required mass flow rate, my (Equation 1).

Four different operating strategies for a variable-speed centrifugal chiller were
simulated., The conditions of these cases are as follows,

Case V-1. A 125-ton (440-kW) design (nominal compressor speed — 12,000 rpm), running at
the minimum speed required to meet the 100% capacity at different values of
CWTL, with hot-gas bypass only when needed to prevent stalling [at ~40-ton
(141-kW) load].

Case V-2. A 125-ton (440-kW) design, running at 2.5% higher speed than Case V-1 te avoid
stall lines altogether, thus eliminating any need for hot-gas bypass,

Case V-3. Similar to Case V-1 except that hot-gas bypass is turned on below 95-ton (334-
kN) load.

Case V-4. Similar to Case V-1 except that hot-gas bypass is turned on at stall., Lnes on
compressor map, which wvary with each value of CWII, but is never turned on {f
the load exceeds 95 tons (334 kW) (this case is designated as modulated hot-gas
bypass) .,

All four cases were run at 95, 85, 75, and 55 F (35, 29, 24, and 13*C) CWTI. Cases V-1,
V-3, and V-4 were also run at 35 and 28 F (1.7 and -2,2°C) CUWTI, Parformance curves for case
V-1 are shown in Figure 7. A graph of compressor speed vs CWII is presented in Figure 8. _.In
this plot, the compressor speeds for each value of CWTI for cases V-1, V-3, and V-4 ar&_gha
same, but 2.5% higher for case V-2. FPerformance curves for cases V-2, V-3, and V-4 are . shown
in Figures 9 through 11, respectively. Fadl ™

In these variable-speed runs, the additional power losses caused by speed modulation are
not included; therefore, the power consumptions shown in the curves are shaft power plus :the
loss due to motor inefficlency.

Comparison of case V-2 with case V-1 shows an increase in input power, due to the lower
compressor efficiency at the higher speed, except when the load is below 37.5 tons (132 kW)
and the hot-gas bypass is on, causing a greater power loss in case V-1, Case V-3 shows
greater power input than case V-1 by increasing the range of cooling loads whére the hot-gas
bypass is on from 37.5 to 95 tons (132 to 334 kW). The power usage outside that range is
unchanged. Case V-4, 1like case V-3, has greater power input than case V-1 over a range of
cooling loads where the hot-gas bypass was on. However, this range was smaller than that in
case V-3, ylelding a slight performance improvement over case V-3. All of the variablé speed
cases showed improvement over the single-speed cases due to compressor efficlency 1ﬁprnﬁeq5ﬁFF
ap lower compressor spesds. ), :';
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ANNUAL PERFOBMANCE COMPARISON

For a given annual cooling load profile with ambient alr and seawater temperatures, the annual
coefficient of performance (COP) walues of a centrifugal c¢hiller for each of the cases
simulated were calculated based on the performance curves. The annual cooling load profile
and amblent econditions are shown In Table 2 and the annual COP for the centrifugal chiller
cases in Table 3.

It can be seen from Table 3 that case V-1, a variable-speed case with hot-gas bypass only
onn demand, vresults Iin the most energy-efficient operating strategy among the ten cases
studied. The annual performance measured in COP of case V-1 is nearly twice that of the
baseline case.

SUMMARY

A centrifugal chiller computer model was developed based on thermodynamic principles and
empirical correlations, The correlations used were not necessarily derived under similar
operating conditions, Calibrations of the model were made with respect to available capacity
test data. The performance of & centrifugal chiller at wvarious conditions and design
modifications was predicted using the calibrated model. Cross comparisons among different
case predictions were made. While the absolute performance away from callbrated points may be
subject to error, the relative ranking among different cases will nevertheless hold. Through
the parametric study, the performance of a eentrifugal chiller was found to be improved
substantially by using new component technology. compressor speed modulation, and different
operating strategies, The most significent Improvement In performance was obtained by
modulating the compressor speed and using the hot-gas bypass only when necessary. These two
improvements increased the annusl COP more than the combined effects of improved heat
exchanger components and a more efficient motor in the single-speed cases, More accurate
transport process correlations and computer models should prove wuseful in the design,
development and operation of more energy-efficient centrifugal chillers.
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TABLE 1
Compressor Power vs. Cooling Load and CWTI for Cases MB, MB-2, MB-3, and MB-4

Cooling load, tens (kW)

25 (EB8) 62 (220) 94 (331) 95 (334) 125 (440)
CWTI,
CASE F ("C) Compressor power, kW
MB 88 (31) 49,2 80.3 113.4 89.7 126.9
70 (21) 7.4 59.0 1.3 8.3 92.6
55 (13) 32.0 45.5 63.5 55.4 75.0
3% (L) 35.6 33.3 50.3
28 (-2.2) 36.6
MB-2 88 (31) 49.0 79.1 110,1 87.7 122.1
70 (21) 37.3 58.3 79.8 67.3 50,3
25 (13) 31.9 45.0 62.2 54.5 73.3
MEB-3 88 (31) 48 .4 76.4 103:5 83.1 112.1
70 (21) 37.5 » 56.8 6.6 64.9 B5.6
55 (131) 32.7 43,4 58.6 51.8 69.1
MB-4 B8 (31) 49.0 T4 .6 98.9 80.8 106.5
70 (21) 38.6 56.6 i, 9 64,1 83.0
55 (13) 313.9 64.2 58.3 32.1 68.0
TABLE 2
Ambient Conditions and Annual Cooling Load Profiles
Ambient alr Amblent Operation Number AC load per
temp. range, water temp., tims, of machina,
F ) F {"C) h machines tons (kW)
Operating condition A
10 to 30 (-12 to -1) 55 (13) 1122 1 78 (275)
30 to 38 (-1 to 4) 55 (13) 438 1 100 (352)
38 to 64 (4 to 1B) 55 (13) 1396 2 62 (220)
B4 to 20 (18 co 32) 72 (22) 1424 2 82 (290)
Operating condition B
10 to 30 (-12 to -1) 55 (13} 219 [ 48 (169)
10 to 50 (-1 to 10) 55 (13) 219 & 56 (197)
50 ta 70 (10 to 21) 55 (13) 219 [ 64 (226)
70 to 90 (21 to 32) 75 (24) 219 [ 72 (255)
Operating comdition C
10 to 26 (-12 to -3) 55 (13) 723 3 101 (356)
26 to 62 (-3 to 17) 55 {13) 1544 & 87 (308)
62 to 90 (17 to 32) 71 (22) 1237 & 100 (352)
Total 8760
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TABLE 3
Annual Performance Comparison

Among Casas
Cases” Armual COP
Baseline 3.64
HB 4.79
MB-1 5.2%
MB-2 4.88
MB-3 5.10
MB-4 5.12
V-1 7.08
V-2 6,84
V-3 6.17
V-4 6.30

Thefined in previous sections,
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