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ABSTRACT

A procedure is presented for the aerodynamic and thermodynamic design
of centrifugal compressors. Design equations are derived from basic laws
of thermodynamics and fluid flow where possible. The experimental data
and much of the mathematical treatment comes from the extensive literature
on centrifugel compressors. An attempt has been made to assemble the bits
of information which were available into a logical design method. The
available information has been supplemented with mathematical developments
and explanations which seemed necessary to complete the general view of
centrifugal compressor design. Of particular interest 1s the derivation,
using the work of Stanitz and Ellis (NACA Report 954) as a starting point,
of equations which provide for estimating the velocity distribution on the
leading edge of an impeller vane., Also included is an exeample of an aero-
dynamic-thermodynamic design of an impeller and a volute-conical diffuser
combination. All the necessary steps are demonstrated, beginning with a
set of basic compressor requirements and resulting in a layout of the im-

peller and casing.
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NOMENCLATURE

Area

Heat capacity, velocity of sound

Specific heat

Diameter

Energy

Force

Head, enthalpy, vane height

Conversion factor

Flow coefficient, specific heat ratio

Length

Mach number, mass flow rate

Rotational speed

Specific speed

Power, pressure

Volume flow rate, heat transfer, relative velocity
Gas constant

Slip factor

Absolute temperature, blade thickness

Internal energy, tangential component of relative velocity

Velocity, specific volume, radial component of relative
velocity

Work

Flow ratio

Compressibillity factor, number of blades
Cone angle

Blade angle

Blade angle

Finite change in; angle

Diameter ratio

Radius ratio

Efficiency

Angle on fluid element; volute angle

Leakage factor
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3 Angle factor
o) Density
o) Velocity distribution factor
T Torque
¢ Flow coefficient
Y Head coefficient
w Angular velocity
Subscripts
1

Vane inlet

2 Vane exit

L Local

c Constant; critical
R Ratio

o) Tnlet pipe; stagnation state
I Tdeal

U Tangential

S Isentropic

d Driving face

a Average

N Per blade

r Radial

v Volute

D Diffuser

T Friction

i Input

20 Average

9 Tangential

e Entrance

b’ Flow ratio



1. TINTRODUCTION

A procedure has been developed for aerodynamic-thermodynamic design
of centrifugal compressors based on recent advanceg in fluid flow and aero-
dynamic technology. Only those parts of a compressor that guide or add
energy to the working fluild are discussed. Only a short discussion of
transient operations is presented to introduce problems of surge and system
response of which the designer should be aware.

The procedures outlined are intended to be sufficiently general to
hold for most gases at a wide range of specific speeds. The equations
presented are applicable to compressible fluids in the sense that they
deviate from an ideal gas and that they can support little shear. No ac-
count 1is taken in the analysis of Mach number effects, since most com-
pressors operate in flow regimes where Mach number effects are unimportant
(inlet Mach number less than 0.8). With some modifications, however, the
methods discussed could be used for the design of centrifugal pumps.

Step by step procedures are given for the design of an impeller and
volute, Also included is a design that is intended to illustrate the use
of the methods presented. An effort has been made to utilize the research
of a great many investigators to provide a sound basis for the ideas pre-

sented.



2. IMPELLER DESIGN

Normally when an impeller for a centrifugal compressor is to be de-
signed, some or all of the following conditions are known: (1) type of
gas, (2) inlet temperature and pressure, (3) flow rate (either mass or
volume rate), (4) pressure rise or head, and (5) impeller rotational speed.
The problem then is to design a wheel that will produce the required pres-
sure rise and Tlow rate at the given speed and with the specified conditions
at the inlet. A mathematical analysis must first be made to determine the
various dimensions of the impeller. With these dimensions a layout is made,
and the necessary modifications are made to facilitate machining and as-
sembly of the complete compressor. The steps in the design procedure are

discussed below in the order in which they should be done.

Impeller Analysis

Head Corresponding to Pressure Rise

The equation for the head corresponding to the pressure rise must be
selected and applied carefully, particularly when the ratio of the vane
exit pressure to the vane inlet pressure (ps/py) is small, i.e., slightly
greater than one. The equation used here is derived from the first lasw of
thermodynamics.

For steady flow per unit of wmass flowing, the first law can be written

as follows:
Ag = Ah + ARE + Az + Aw . (1)

The gas 1s in the compressor only a very short time, and therefore the com-
pression can be considered adiabatic. TIf it is assumed also that the proc-
ess 1s reversible and that there are no changes in potential energy and no

changes in kinetic energy,

~Aw = hy — hy . (2)



Assuming the gas to be ideal permits Eq. (3) to be written as a total
differential, since enthalpy is a function only of temperature for an

ideal gas:

dh = C_ 4T . (3)
1%
Assuming that Cp is a constant, or using a mean value,
hp —hy = CP(T2 -7 . (4)

With these assumptions, the gas must obey the ideal gas equation of state

and also the isentropic process equations:

v = %g . (5)
and
pv = plvf = constant. (6)
Then

To
AW = JTHC | — =1 9)
1P Tl ) (

and



(1-x)/x
~Aw = JC_|{— - 11 . (10)
P [\p2
But

gC

H=—-——Aw |, (11)
g
L

where H is the head rise corresponding to the pressure rise. Then

(1-k) /k
- 1f , (12)

o]

1
v

c

H:J——-
&1,

where
H = head rise, ft,

J = conversion factor, ft-lbf/Btu,

T1 = inlet temperature, °R,

Cp = gpecific heat, Btu/lbm'°R,

g = dimensional constant, ft-lbm/lbf-secz,
g = local acceleration of gravity, ft/secz,

p1 = inlet pressure, psisa,
pp, = exit pressure, Ppsia,

k = specific heat ratio.

The term gc/gL in most cases is equal to one. TIn aircraft, missiles,
or satellites, where acceleration forces are likely to change with position -
or time or both, g is also likely to change. Since & is a dimensional
constant, it never changes. For this reason, the ratio is included in the

general equation.

Inlet Specific Speed

Specific gpeed is a gimilarity parameter that can be derived with the

aid of dimensional analysis (21).% It is one of the first parameters which

*Numbers In parentheses refer to entries in the Bibliography.



is computed, since it gives a good indication of efficiency and compressor

geometry:
NQ1/2
N_ = s (13)
s y3/4
where
N = rotational speed, rpm,
Q = flow rate, fpm,
H = head, ft.

Isentropic Work Rate Regquired

The isentropic work rate required is given by the expression

mH gL
P = =, (14)
550 g,

where
P = work rate, hp,
m = mass flow rate, lbm/sec,
H = head, ft.

Inlet Velocity Triangle

The inlet pipe diameter wmay or may not be known. If it is not known,
it must be chosen. In general, an inlet velocity of between 75 and 200 fps
is considered good practice (10). Velocities in this range normally give
a reasonable inlet velocity triangle. The inlet velocity should be chosen
so that the height of the impeller passages are not too small or too great
and the inlet Mach numbers are not too large (<O.8).

The inlet pipe velocity is given by

m

Vo = s

(15)



where

1%
- - =, . 3
p1 = AN inlet density, lbm/ft R
Py = inlet pressure, psia,

T, = inlet temperature, °R,
R = gas constant, ft-lbf/lbm'°R,

7 = compressibility factor (see Fig. 1).

The impeller inlet velocity is given by
V=2V, (16)

where
V = impeller inlet velocity, Ips,

A = leakage factor resulting from leakage from volute back to impeller
inlet [conservative estimate: X = 1.03, i.e., 3% leakage (10)].

Speed of Vanes at Inlet

It is desirable to make a cross-gsection sketch of the transition from
pipe to blade inlet so that a reasonable inlet radius can be chosen. The
assumed inlet radius may have to be changed when the layout is made if the
passage turns too sharply, since large losses could occur. The tangential

inlet tip velocity is given by

Uy = rw (17)

where

Il

ry vane inlet radius, 1%,

w = angular velocity, rad/sec.
The inlet relative velocity is illustrated in Fig. 2, in which

v = [()? + (2] (18)

and



SSIBILITY FACTOR

UNCLASSIFIED

Z, COMPR

ORNL~LR-0WG 65097R2
3.0

" //

7p = RATIO OF TEMPERATURE TO CRITICAL TEMPERATURE 72

7=

2.0 / /

3

™ ———-

/“'—

0 5 10 15 20 25 30 35 40
Fp, RATIO OF PRESSURE TO CRITICAL PRESSURE

Fig. 1. Compressibility Factor Chart [Stepanoff (32)].

UNCLASSIFIED
ORNL-LR-DWG 71571

z 3
B,
Uy
Fig. 2. TIunlet Velocity Triangle,



where

I

vy inlet relative velocity, fps,

f1 = inlet blade angle, deg.

|

Value for Exit Blade Angle, [

The exit blade angle is probably the most important single variable
in a centrifugal compressor. It determines to a large extent the head rise
through the machine. This is illustrated in Fig. 3. The efficiency of a
centrifugal compressor also depends strongly on the exit blade angle. This
is illustrated in Fig. 4. The best efficiency is usually obtained when the
exit angle is about 60°. However, for a given diameter the head rise will
be a maximum for an exit angle of 90°. The change in the blower charac-
teristic curve must also be considered for changes 1n exit angle. A typical

head versus flow curve is shown in Fig. 5.

Outside Diameter of the Impeller

The approximate diameter versus head equation is used to estimate the
diameter required for a given head rise. By use o the following equation,

which is derived later,

and the law of cosines, with the relations shown in Fig. 6
2 [=) 2

V4 = UZ + V42 — 2U,V5 cos 75 (20)
V2 = U2 + V2 — 203Vy cos vy (21)
it can be seen that
L r2 g2 2 g2 2 o
H = o <v2 V2 + U2 - U2 ¢V - 2U01V; cos 73
L

2 /2 / ’
— U2 ~VJ? +20,V] cos y ) s (22)
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1 / (A
Hi S <2U2V2 cos y! — 2U;V, cos 71> . (23)
L
But
’ /o gt
v, cos y] =V, (24)
and
Vi cos 71 = V1o 3 (25)
then
1 / ;
o = = (UgVUg - U1VU1) . (26)
tooe

Assuming that flow is fully radial at vane inlet

Vi, = o . (27)



Then

Assuming that v5 is radial

Then

Let

Then

But

Therefore

which, upon rearrangement,

13

s (28)
H = . 28
I gL
/
VU2 U, . (29)
v
Hp ===~ . (30)
&y,
H=Hyy . (31)
|
H=-—u2 .
&L
D2
U2 T — () . (32)
2
\U Dgw\2
H=—\—] , (33)
g\ 2

gives the tip diameter:



1.4

L
Dy =~ , (34)

where
w = angular velocity, rad/sec,
H = head, ft,

¥ = head ccefficient, dimensiocnless,

gL acceleration due to gravity = 32.2 ft/secz.

Equation (34) involves only the angular speed, head rise, and experi-
mental head coefficient. Thus, the outside diameter of an impeller can be
estimated before the velocity triangles are known. 1f such an equation
were not available, the solution for the exit diameter would involve a trial
and error soluticon that would be time-consuming at best.

The head coefficlient can be estimated from Fig. 3. It should be em-
phasized, however, that Eq. (34) is used merely to estimate the outside
diameter. A detailed analysis of the flow through the impeller will be
made in succeeding sections. This analysis will show whether the estimated

diameter 1s adequate.

Number of Blades Needed

It is far better to have too many blades than to have too few <§i)'
If there are not enough vlades, large losses occur because of poor guidance
of the fluid. If there are too many blades, frictlion losses increase
slightly. Pfleiderer (23) gives Eq. (35), which is a convenient way to

compute the number of vanes required:

Dy + Dy £1 + Bp
7 = ¢ sin , (35)
Do — Dy 2

wnere
Fi + B2
£ = 10 sin ———— ,
2

vz = number of blades,

1

D, = outside diameter,
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Dy = inside diameter,
B1 = inlet vane angle,
B, = outlet vane angle.

Normally a machine will have from 10 to 30 blades, depending on its
size. In some designs, it is advisable to use secondary vanes, which are
sometimes called splitter vanes, in addition to the standard vanes. This

subject will be covered in the latter part of this chapter.

Slip Between Fluid and Impeller at Outlet

Nichols, McPherson, and Baljé (21) give Eq. (36) with which to compute

the slip between impeller and fluid:

1 + 0.6 sin B
S =1+ , (36)
0.5z(1 — 0.28333)

where

S5 = siip factor = ratio of theoretically possible peripheral component
of absolute velocity to actual value,

7z = number of blades,
Bs = exit blade angle,

O = ratio of impeller eye diameter to outer diameter.

OQutlet Velocity Triangle

The radial component of the exit relative velocity should be somewhat
smaller than the inlet velocity (Vl) so that some pressure rise will occur
due to this component. The impeller guides the fluid somewhat better than
does the collector. The following equation is used to calculate the tip

velocity of the impeller:

Us = T, (37)

where ry is the outer radius of the impeller, ft. The theoretical exit

relative velocity is indicated in Fig. 7, where
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VR2 VR2
tan = — U — V2 = —— (38
al [:2 U2 _ VU2 2 U tan ‘,:’2 F} )
and
- 1/2
Vo = V2 + (U - V. )2] / (39)
R2 2 Uz ' '

The actual Tluld absolute velocities at the exit are indicated by the
primed letters in Fig. 8. In the preceding section, U? W<VU2 was calculated.

Since Uy 1is known, V. is easily found. Thus,

U2
-
s
/ 2 ‘vl Y2 1/2 /
vh = [(vg,)7 + () , (42)

1/2
7 _ 2 ’ 7 vl ’
V2 = [<VR2) + \'UZ - VU2) ] P \42)
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and

(43)

Check of Outer Diameter Calculation

The inlet and outlet velocity triangles have at this point been com-
rletely described. The approximate outside diameter was computed from
Eq. (34), and now it is important that the velocity triangles be used to
check this diameter. If the head produced is Inadequate, a new diameter
is assumed and the exit velocity triangle 1s recalculated.

This derivation is extremely important in that it points out the three
components of pressure rise in a centrifugal compressor. The basic equation
is the first law of thermodynsmics for steady flow.

The first law of thermodynamics (steady flow),

AQ — AW = AH + AKE + APE (44)

is used to establish the energy balance. Since the fluid is in the im-
peller only & short time and there are only slight changes in elevation,
it is reasonable to assume no transfer of heat and no change in potentisl

energy; that is,
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therefore
AW = AH + AKE . (45)

The pressure rise due to a change in kinetic energy is

m mo
AKE = —— (V57 "‘Vf) = ~—— Apk (46)

where Apk 1s the pressure rise due to change in kinetic energy. The pres-
D

sure rise due to change in enthalpy is

< ©2 91> ()
A =mluy —uy +———] . 47
2 . P2 1
In some instances the temperature rise through the compressor will be quite
small. The change in internal energy should also be small; that is,

Hu =20

There is often little change in density during the compression (if there is

a significant change, a mean value should be used) :

Then

Al = g (p2 — p1) - (48)

The pressure rise through the compressor is due to the centrifugal field
and also due to the change in relative velocity through the vanes (see

Fig. 9 for notation). For centrifugal rise, the mass in the element is
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Fig. 9. Fluid Element in lmpeller.
1
dm = r d@ dr 47 p — , (49)
¢

and the centrifugal force on the element ig

TR
ar = gg-rw2 = dmilJ

T gc gcr 2 (50)
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r- = exit radius,
r; = entrance radius.
The centrifugal force on the element must be balanced by radial pressure

on the element:

dF = P 4. T 40 dZ —p v df d7 (51)
e} I'ZLUZ )
——;—fd@drdz——f——pr+drrd@d.AwprrdeZ s (52
2.2
0 rewe o
g, Ar == = Prygr ~ P o
and
P 2 T
- T2 W
Ap, = jﬁ dp = z jn or dr . (53)
Prl c T

If p is assumed to be comstant, for centrifugal rise
Ap = 50— (U2 ~U2) (54)

where Apc is the pressure rise due to a centrifugal field.

For a rise due to a change in relative velocity,
Ap, = e (vi - vy . (55)

The total power absorbed by the fluid is obtained by adding the three

components of power:

P = él;z EVf —V3) + (U5 ~UZ) + (v] - V/,2)] ' (56)
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Equation (56) gives the power input to the fluid in the impeller. Cen-
trifugal impellers are usually designed so that the first and second terms

in Eq. (56) are larger than the third term:

1 /2 y2 2 2 2 /2
Hp = EEZ (V2 V24 U5 - UZ + v = v ) . (57)

This ideal head rise is then multiplied by an appropriate over-all hydraulic
efficiency, which is about 80% for a specific speed of 800. This is the

actual head rise which can be expected from the machine:

I=nH (58)

where no is the over-all hydraulic efficiency.

Impeller Outlet Static Pressure Head and Outlet Static Pressure

The impeller exit static pressure head is calculated with the use of
Eq. (59). Tt may be seen that Eqg. (59) consists of the last two terms of
Eq. (57). The first term in Eq. (57) is the static head rise in the volute:

L2 2 g2 2
2gc (U2 U1 F VI V5 ) . (59)

The corresponding pressure ratio is

1 Hﬂ k/(l"k)

= = + 1 . 60
pzs €e (60)

JTlcp —

ey,

Hence
PZS =Dy ——————1§~ + 1 . (e1)
JT,C_ =
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Tmpeller Exit Temperature

The temperature rise through the impeller may be calculated in any
of several ways. Two methods will be given below which are commonly used
by compressor designers. The impeller exit temperature can be calculated

from isentropic relationships based on Fig, 10 and the following equation:

(k-1)/x%

Ty = Tl<-;;2'§') . (62)

1

The approximate fluid temperature rise can also be computed from the
work of Keenan and Kaye (iﬁ). The inlet temperature and pressure are known,
as well as the impeller exit pressure ratio. Therefore, the following

relationship can be used:

P =, (63)

where p* is the reference pressure, and

Pa

= ——-—E = __2—5
P Py
UNCLASSIFIED
ORNL-LR—-DWG 71575
Je)
25
4 ISENTROPIC

POLYTROPIC

Fig. 10. Compression Process,
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Corresponding to T; and py, the guantity PRl is found in the Gas Tables
(iﬁ)(use table with correct k value). The pressure ratio P 2 is then
calculated from Eq. (64) and, corresponding to Pst’ T, is read from the
table (18).

The density at the impeller exit is determined from

P2
Py = 7RT, (65)
where
0, = impeller exit density, 1bm/ft3,
R = gas constant, ft+1b f/1bm-°R,
T, = absolute exit temperature, °R,
7, = compressibility factor,
according to the relations given in Fig. 1.
Vane Height at Inlet and Outlet
Inlet. Volume flow through the bladed section includes the leakage
shown in Fig. 11l. The total mass flow through the impeller is
T = oo, (66)
where
A = leakage Tactor,
m = through flow mass,
The flow area required is
m
T
Ay = . 67
LT vy (67)

Part of the inlet cross-sectional area is unavailable for flow because of

the vanes. The available area can be calculated as follows:

ztq1
A = (le - -—---—) hy (63)

sin PB1
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Fig. 11. TImpeller Notation.

where
7. = number of blades,

t1 = blade thickness at inlet.

Therefore

Ay

Ztl

- sin bl

Outlet. The required flow area at the exit from the impeller is

I (70)
P VRe

The available area is calculated from the following equation:
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zto
Ay = (WDz - m) ) (71)

where t, is the blade thickness at the exit. Therefore

Az
o, = . (72)

th

TDp == g
2 sin Bo

If splitter vanes are added, hp must be changed, since there will be more

vanes at the exit that tend to reduce the flow area.

Velocity Distribution Along Driving Face of Vanes

In this section a method will be derived to compute the fluid velocity
at any point on the leading edge of an lmpeller vane. 1In some cases it is
wise to add a set of secondary vanes to the impeller when adverse velocity
gradients are expected, that is, when the velocity on driving face goes to
zero. When the driving face velocity goes to zero, eddies appear and ef-
ficiency drops.

The basic equation is given by Stanitz and Ellis (29):

T _ k—1 2 A2
Tl ()2 -2 (73)
where
r
R=——,
Ty
r, = tip radius,

T = absolute static temperature,
T = absolute stagnation temperature,

k = specific head ratio,

2

C 2
o]

o
Ldrt S11 =+~

£x
it
o7|#
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CO = gtagnation speed of sound upstream of impeller,
w = angular speed,
Q=g
o
g = (u? + v?)1/2 = yelocity of fluid relative to blades,
u = tangential component of g,
v = radial component of q,

o = cone angle (see Fig. 12).

By limiting the argument to radial-flow impellers only, the following

equations can be written:

o =7 — sin % = 1
UNCLASSIFIED
ORNL-LR—-DWG 74577
CASING —
L
/
IMPELLER Pt

VANES

—=

IMPELLER

Fig. 12. Impeller Cone Angle.
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Therefore
wr
t
LU (r4)
o)
wr
RMT = — (75)
I.t Co
Trw
RMT = -6-— > (76)
o
or
u
RMt =T -
o)
Then
T k~1 fu?
—_—=1 + — — Q%) . (77)
T 2 c?
o 0

Replacing Q by q/CO and factoring out l/CS then gives

T k—1
—_—= ]+
T 2¢2

o)

(u? —q?) . (78)

Solving for q,

203 T

g% = u? + ——1,
k-1 T
o}

but

(k-1)/x
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where
p = static pressure,
P, = stagnation pressure upstream of impeller.
Therefore
502 o (B /K
& =P 4 lm(_ (20)
k-1 P,
and
202 D (k~1)/k
qé =u® + SEN | S s (81)
k-1 P,
where
Py = driving face pressure alt any radial location,
9 = fluid relative velocity on driving face at any radial location.
Introducing
p = average pressure in flow channel between two vanes at any radial

location,

Ap = pressure difference across Tlow channel at any radial location
(driving face pressure minus trailing face pressure),

then gives

and.

S o— (83)

Substituting Eq. (83) intoc Eq. (81) gives

20?2 p. A (1)) )27
ay = 1l o+ o m.("i + ) . (84)

k—1 P, ZpO
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In order to use Eq. (84), it 1s necessary to estimate P, and Ap along
any radius in the impeller. The following method is approximate, but it
ig felt that for the problem being investigated sufficient accuracy is ob-
tained. If it is assumed that P, varies in a linear fashion with radius
between b, at the impeller inlet and 12 at the impeller outlet, the data
of Hamrick (14) show that the assumption is valid at maximum efficiency

which is, of course, the design point. Then

P._—P
a2 a1
= + —
Py 7 Py, ros — Ty (x r1) ? (85)
where
Py < average pressure in channel at inlet,
Py, = average pressure in channel at outlet,

r; = inlet radius,

ro = outlet radius,

Pressure Py and radius r are the dependent and independent variables,
respectively.
From the section on impeller design, isentropic and actuzl power in-

put to the fiuid are known. Thus,

P=1w— 1= g , (86)
where
P = actual power input to fluid,
T = torque on impellier,
w = impeller angular speed,
and
_ T
T“‘Fel’—‘)Fe=% 3 (87)

where Fe is the resultant equivalent force acting on Impeller and

r = (ry + ry)/2 is the average vane radius. Then



F__=—= (88)

where z is the number of vanes.
The approximate radial area component for one blade can be found from

the relation

h2+hl
A 2| ———) (r2 —11) (89)
T
2
where
Ar = radial component of blade ares,
hy = Dblade height at entrance,

ho, = blade height at exit.
The pressure difference across the flow channel is then found by use

of the following equation:

oN /

A 2 \
r

Ap ped 90)

which is used in Eg. 84. This method impliez that the pressure difference

across the flow channel is the same at any radius. This is approximately

true for design flow conditions (14).

Impeller Layout

The most tedious and time-consuming task is that of using the results
of the previous computatlions as a guide to design of the impeller. As the
impeller begins to take shape, changes will probably have to be made in
the design variables. It is imperative that there be & smooth transition
from axial to radial Tlow at the inlet, that the blade entrance diameter
be in correct propcerticn to the inlet pipe diameter, and that the impeller
hub be large enough to accommodate the shaft. If these conditions are not
met, additional losses will occur at the inlet.

A layout of an impeller is shown in Fig. 13. No attempt will be made

to show detailed drawings of the impeller, since to do so would be to
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Fig. 13.

Impeller Layout.
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deviate from the goal of this work which is to design the impeller flow
channels. The impeller shown nas both primary and secondary vanes. Also,
it is apparent that the driving face of the blade i1s made on cne radius and
the trailing face is drawn on a different radius.

The following steps are taken to define a blade:

i. From point (1) on Dy set off angles p1 and B,. They are measured
as shown in Fig. 13.

2. Mark off distance between points (1) and (2) equal to radius rp.

3. Draw line between C and (3) bisecting line between (2) and (0) at
right angles.

4. Point C is located at the iatersection of the line between (1) and
¢ and the line between (3) and C.

5. The driving face of the blade is then drawn with radius rj and
center C.

6. The blade thicknesses at the inlet and the outlet are then chosen
(t1 and to).

7. Center C’/ is located by trial and error.

8, Once C’ and r, are determined, the trailing face of the blades is
drawn.

9. The inlet tip of the blade is rounded off.

When one blade has been completely defined, circles are drawn through
C and ¢’/ with radii rs and rg, respectively. It is then guite simple to
locate the centers of 2ll of the other blades, since they must Tall on

these circles.
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3. CASING DESIGN

The casing of a compressor normally provides a transition from an
inlet pipe to an impeller inlet, some type of collector, a diffuser, bear-
ing supports, bearing-lubricant passages, and any number of other neces-
sary services. Since this paper is intended to deal strictly with aero-
dynamic and thermodynamic design of centrifugal compressors, the word
casing will be used to denote those parts of the compressor which direct
the working Tluid before and after it passes through the impelier.

The inlet section of the casing has the ilmportant job of preparing
the fluid to enter the impeller, This may involve straightening the flow
or increasing or decreasing the fluid velocity or both. After the fluid
has passed through the impeller, it must be collected by a volute (also
called scroll) and finally passed through a diffuser where its velocity
is decreased and its pressure increased. It is most important to keep in
mind throughout this discussion that energy is added to fluid only in the
impeller., The casing can only change velocity energy into pressure energy
or vice versa.

The following pages give steps to be taken in designing a volute and

a diffuser, and Fig. 14 explains the notation used.

Volute Design

Volute Tongue Diameter

Stepanoff (gg) has given an empirical equation for estimating the

volute tongue diameter:
D3 = 1.15D, , (91)

where D3 is the diameter of the circle through the volute tongue and Dj

is the outer impeller diameter.
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Fig. 14. Casing Notation.

Average Casing Velocity

The average casing velocity is given by

where VV is the average casing velocity, o is the velocity distribution
factor that depends upon the fluid discharge angle, and Vé is the absolute
fluid velocity at the impeller exit. The velocity distribution factor o
is determined experimentally and is plotted versus impeller discharge
angle 7£, ag in Fig. 15. It is a universal curve that can be used for

any gas.
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Volute Qutlet Area and Diffuser Inlet Area

Because the average volute velocity is smaller than the average im-
peller exit velocity, volume flow through the volute will be somewhat
smaller than that at impeller exit. The change in velocity is due pri-
marily to the fact that (1) the leakage flow must go through the impeller
but it does not go through the volute, and (2) there is a change in den-
glty as the fluid leaves the impeller and enters the volute, that is, it
is diffused. Before the volute outlet area can be computed, the voluwme
flow through the outlet area must be determined. The mass flow at the
volute exit is, of course, the same as the mass flow st the entrance to

the compressor.

Static Pressure and Temperature in the Volute

The static pressure head can be calculated from the static pressure
at the impeller exit by the following equation, which is a form of Eg.
(57):

— L [ 2
1, = Eﬁs + e, (V2 Vv)] Mo - (93)

The pressure and temperature in the volute can then be found from FEgs.
(94) and (95). Egquation (94) comes from Eq, (12) with p,. &rd HV in place
of H snd p3:

o (k-1)/%
v
Ty = T (—51—> . (95)

The average density in the volute is gilven by
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v
v - 7RT 2 (96)
v

ke]
1

and the volume flow at volute outlet is

Qs = . (97)

L|F

The required volute outlet area, that is, the area normal to the

fluid flow, is

Ay =5 - (28)

The cross-sectional area required at several intermediate angles be-
tween the tongue (A.V = 0) and the volute outlet (AV = 27) is then deter-

mined from the relation
A, =4, =— , (99)

where AA 1s the area required at angle A, and AV is the angle measured

from the volute tongue. The volute tongue angle is
’
QV:/Z J

where Qv is the volute tongue angle shown in Fig. 14, and 75 is the angle
between the fluid and the tangent to the impeller at the exit from the
impeller.

The design procedure gilven above should ensure that the average
velocity is approximately the same in all cross sections of the volute.
The static pressure should also be spproximately constant around the
periphery of the impeller. It has been found experimentally that such
a veloclity and pressure distribution gives the best efficiency (gg).
These conditions hold only at the design point. Off-design conditions

will be discussed in the section on transient operation of compressors.
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At no point in this analysis has the shape of the volute cross sec-
tion been fixed. Changes in volute geometry and surfsce conditions in
general produce only slight effects on compressor performance. A thorough

discussion of volute geometry is given by Brown and Bradshaw (7).

Diffuser Design

Diffuser Angle

The total included angle, © should be between 8 and 10 degrees

D}
(see Fig. 16). This gives very good efficiency, as shown in Fig. 17.

Inlet and Outlet Areas for Diffuser

The inlet area is, of course, the same as the volute exit area (4,).
The exit area depends on several Tactors. In some cases it is desirable
to have the same size piping throughout the system. To meet this require~
ment the area, As, should be the same as the piping inside area. TIn other
instances, the exit velocity is the ilmportant factor. For example, high

velocities might be required in order to achieve good heat transfer when

UNCLASSIFIED
ORNL—-LR-DWG 71578

— LD Lannt

Fig, 16, Diffuser Notation.



FFICIENCY

7

1.0

0.8

0.6

04

0.2

UNCLASSIFIED

ORNL-LR-DWG 65092

//\\\ e
AH = 7} X 3 4
(4
A
\ L2-234
Al
— e
\‘
%2 —90
\ Aq -
20 60 00 100 120 140 160

8, ANGLE (deg)

Fig. 17. Conical Diffuser Efficiency vs Total Included Angle [Binder (5)].

180

6t



40

the compressor exhaust gas 1s to be cooled. The exit area would then be

chosen to give the desired velocity.

Length of the Diffuser (Lp)

Once the divergence angle and inlet and outlet areas have been fixed,
the diffuser is completely defined. The length is easily found from these

characteristics and the following equation:

Ds — Dy

LD = ~"*-~—?%;— . (100)
2 tanl —
2
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4. PREDICTION OF HEAD-FLOW CURVES

At the present time there is considerable lack of knowledge concern-
ing boundary-layer behavior within the passages of centrifugal compressors.
It 1s therefore difficult to predict with any degree of accuracy the actual
output head and flow characteristics of a particular machine. Many inves-
tigators have worked on this subJject, but at present it appears that none
of the existing methods can be used with complete satisfaction over the
range of application of centrifugal compressors. It is hoped that, in
the Tuture, as more is learned of the flow within centrifugal compressors,
a method can be developed for predicting the output head and flow behavior
of a proposed design,

Although there is no exact weans with which to predict compressor per-
formance, 1t is imperative in some cases to have at least an estimate Dbe-
fore a machine is built. Several reports of estimating methods have been
reviewed., Kovats (lg) reported the interesting and informative treatment
of the subject that is the basis for the following work. The method illus-
trated below is not the same as that given by Kovats, the difference being
primarily the substitution of Stepanoff's ¥ — ¢ curve for the input head
curve. In Stepanoff's curve ¢ = Vrg/Ug, the flow coefficient, and
¥ o= Hg/Ug, the head coefficient. All loss coefficients and other experi-
mental data were taken from Kovats' work.

A typical head-flow curve was shown above in Fig. 5, with all the
losses shown, as well as the input head-flow curve, As may be seen, the
various losses change with change in flow rate. The methods Tor estimat-

ing those losses are described helow.

Outline of Method

An input head-flow curve 1s assumed and the various losses are sub-
tracted from 1t. These losses are termed: friction loss, loss of conver-
sion from velocity to pressure, volube loss, and entrance loss. Equations

are given that can be used to estimate these losses.
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Friction Losses

The impeller inlet velocity components, in polar coordinates, are

shown in

where

<
D

1‘54
o

[N

o m
e}

Il

I

1l

i

it

i

Fig.

Fig. 18. The friction at any desired point 1g given by

h. n, (W _V
i T ex A
i) TEN\W ) (101)
i i o0

1/2

Vig *+ V29 2 Vir t Voop 2
0, = || — S ) (102)

2 2
vectoral average between relative velocity at inlet and outlet,
peripheral component of relative veloclity,
norual component of relative velocity,
friction at design point,

frictional head loss at design point,

input head at design point,

UNCLASSIFIED
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14, Impeller Inlet Velocity Components in Polar Coordinates.
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ale

Y.

o ix
x = T s
i
wix = input head coefficlient at any point on input characteristic curve,
ﬁi = Input head coefficient at design Tlow.

The head loss from friction is proportional to the square of velocity
head of average relative velocity (Wn). This 1s immediately apparent from
Eq. (101). Computing time can be considerably reduced if (me/wg)2 in Eg.
(101) is replaced by (¢X/¢)2. This substitution in most situations should
introduce only slight errors, since as flow is changed in a centrifugal
compressor the inlet relative velocity changes about the same percentage
as does the exit relative velocity.

The friction head loss ratio (hf/Hi)f ranges from 0.04 to 0.10. The

lower the value of Kf the higher the value of Hf/Hi’ where

"
Kf s U2 ’

which is the Rateau Tlow coefficient, and Q is the volume flow rate.

Loss of Conversion from Velocity to Pressure

In determining the loss of conversion at the design point from ve-

locity to pressure, it is assumed that

-

c
— = constant,

1

jas

where hc is the conversion head loss., In mocst all machines with a volute,
the conversion loss is nearly zero in the impeller, since it ig designed
so that very little conversion occurs in the impeller. In the volute, the
ratio hc/Hi is between 0.02 and 0.03. If a vaned diffuser is used, hc/Hi
can be as high as 0.05. When a volute is used hc/Hi can be approximated

ags Tollows:

m‘ow

= 0.025 . (103)



Additional Loss in the Volute

There is an additional conversion loss in the volute at off-design con-
ditions. Volutes can be designed to perform at maximum efficiency only for
one flow condition (the design point). For any other flow conditions the

following additional losses are encountered:

N

ﬂd) ( ¢x ?

L) =04 0, x—1+¢ 1 —— s (104)
1

Hi X ¢

where € is the ratio of the radius at the outlet of the impeller to the
radius to the center of the 360° volute section, and hd is the additional
head loss in the volute at off-design flows.

Entrance Loss

An entrance loss occurs at off-design conditions because the fluid
does not enter the impeller vanes in the direction of the blade angle (see

TFig. 19). This loss may be expressed by

h 1 [vidx\?

e _ .
ﬁ; = 2“‘“"‘¢i U"‘—*"'"Zq,) sin ABIX B (105)

X

where

AﬁlX = angle between Py and Bix,
£1

Pi1x

1

vane inlet angle,

1

fluid inlet angle.

From data given by Hamrick (;ﬁ), AB1x can be estimated to vary in a linear
fashion from +15° (low flow near shutoff) to -15° (high flow near maximum

capacity).

Output Head Coefficient

If the losses are now subtracted from the input head coefficient at

corresponding flows, the actual ¥ — ¢ characteristic curve will be obtained.
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Fig. 19. Change 1n Relative Inlet Angle at Off-Design Flows.

It is then quite easy to find the head-Tlow curve for the compressor in

guestion. The head coefficient is

_(;
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As mentioned earlier, an input ¥ — ¢ curve must be assumed. If the
reasoning of Stepanoff (32) is followed, the input curve is a function only
of the blade exit angle . Since P, 1s known from the impeller aerodynamic
analysis, the input ¥ — ¢ curve is Tound from data presented in Section 7,
Fig. 23. Corresponding values of wix and ¢X are read from this curve at
several points (both left and right of the design point). At each point
¥, and ¢X are substituted into Eq. (106) and Y, 1s found. A new plot is
then made of wx versus ¢X. Meking use of the following equations, one can
readily use the wx w-éX curve to determine the actual predicted head-flow

characteristic curve for the compressor being designed:

He R
YoEo— e H o= —— (107)

U3 g

VR2
Qo = i — VRz = U, ’ (108)
Q -AZVRZ 2 (109>
ZUo

Ay = (TFDg TN hy (110)

Ay, = avallable flow area at impeller exit,
Do = outer impeller diameter,
z = number of vanes,
tp = blade thickness as exit,
B> = vane angle at exit,

h, = vanc height at exit.
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5. SURGING IN CENTRIFUGAL COMPRESSORS

The term surging is normally used to mean a periodic (not necessarily
sinusoidal) pulsation in pressure. It exists when the head-capacity curve
begins to move toward the zero-capacity point after having reached a
maximum head. In Fig. 5, the maximum head occurs where the flow coeffi-
cient is about 0.06. When the flow coefficient is less than 0.06, the
curve hag a positive slope, which is not desirable. It is undesirable
because, if flow were to momentarily increase for any reason, the pressure
rise of the cowmpressor would also increase and would tend to increase the
Tlow still more. Conversely, if flow were to momentarily decrease for
any reasgon, the pressure rise of the compressor would also decrease, which
would tend to decrease the flow still further,

If the compressor were operating in the flow regime to the right of
the maximum head in Fig, 5, this would mean a flow coefficient greater than
0.06, and the slope of the constant-speed characteristic curve would be
negative, This would be desirable because, if flow were to momentarily
increase, the pressure rise of the compressor would decrease and force
the flow to decrease. Conversely, if flow were to momentarily decrease,
the pressure rise of the compressor would increase and tend to increase
the flow. Thus, when the compressor characteristic curve has a negative
slope, restoring forces are present that tend to dampen perturbations.
When the characteristic curve has a positive slope, the compressor tends
to amplify perturbations. The designer should make certsin that the coun-
pressor will operate in a region where the characteristic curve has a

negative slope.
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6. BXAMPLE OF AN IMPELLER DESIGN

In this section the design of an impeller will be described com-
pletely, since it is thought that a numerical example explains the pro-
cedures outlined in the previous sections better than lengthy written

discussions. The conditions assumed are listed below:

Gas Helium
Mass flow rate, m, 1b /hr 22,400
Pressure rise, Ap, psi 2
Inlet pressure, p1, psia 500
Inlet temperature, T;, °R 1010
Rotational speed, N, rpm 4570
Ratio of gravitational constant to local accelera- 1

tion of gravity, gc/gI

The head rise was determined from Eq. (12), given previously,

and the following relations:
¢, = 1.24 Btu/1b,*°R ,

k= 1.67

)

T1 = 550 + 460 = 1010°R

2

— = — = 0.9%
P2 502

2

H = (778 ££.10/Btu)(1010°R) (1.24 Btu/lby,*°R) X

(1-1.67)/1.67 _

x [(0.996) 1]

H = 1560 It
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The inlet specific speed was determined from Eq. (13), given previ-

ously,

mpl/?
>l

and the following relations:

T =9.5°R
[§]
P
PrR1 =35
pC
l]:(l
Tpy = T P
C
500

pRl = §§T§ = 14.8 s

1010
:DRl = 5:“5“' = 106 )
71 =1

when pg, = 14.8 and Tg; = 106, from charts similar to Fig. 1,

(500 pSi)(144 psT)

p1 =
(386 ft-lbf/lbmf°R)(101o°R)

o1 = 0.185 lbm/ft3 .
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Then

22,400 1b /nr

Q_

= = 2020 cfm
(0.185 1bm/ft3)(6o min/hr)

(4570)(2020)1/2

N =
S

(1560)374
N = 823
S

The isentropic fluid power required was then, from Eq. (14),

&

\n
U
(@]

(22,400 lbm/hr)(1560 ft)

P =
(60 hr/min) (33,000 ft-lbf/lbmjmin)

P =18 hp

The inlet pipe velocity was based on a 6-in., sched-40 (6.065 in. ID),
inlet pipe and Eq. (15),

(3.142)(6.065)%

A =
o

(4) (144)

Al = 0.206 T2

)

(2020 £t3/min)
V =
©  (0.2006 £t2)(60 sec/min)

VO = 163 ft/sec
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The impeller inlet velocity was based on A = 1,03, that is, leakage
Trom the diffuser back to the impeller inlet of 3% of the through flow,
and Bq. (16),
Vi = (1.03)(163)

Vv, = 168 ft/sec .

The vane speed at the inlet was based on a vane inlet radius of 3.5

in. and Ea. (17),
Up = mw
w = 479 rad/sec ,
ri = 3,5 in.

H

(3.5)(479)

12

Ui = 126 ft/sec .

It

The relative velocity at the inlet was based on radial flow at the

inlet, Fig. 2, and Eqg. (18),
vi o= [(V1)2 + (Up)2]1/2
vi = [(168)% + (126)7]1/2
vy = 210 ft/sec .
The inlet blade angle was bhased on kEg. (19),

vy

= arctan ——
P1 i
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168
126

By = arctan
B1 = 53.1°
An exit angle f» of 65° was chosen to give approximately maximum ef-

ficiency and a high head coefficient (see Figs. 3 and 4).

The outside diameter of the impeller was obtained Trom Eq. (34):
T 1/2
2 dgL
Dy = =~ 5
w o\

¥ = 0.50 (from Fig. 3) ,

and the following values:

Doy =

2 [(1560)(32.2)]1/2
4oy

0.50
Dp = 1.28 £t = 15,4 in.
Therefore, let
D, = 15 1/2 in.

The number of vanes in the impeller was obtained from Eq. (35%

Dy + Dy P + P2
z = E T, — D, sin 5 ,
and the following values:
Pr1 + B2
£ = 10 sin
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53.1 + 65
nw

= 10 si
E si 5

£ = 8.58

7+ 15.5
7 = (8.50) <£§Tﬁr:f7> (0.858)
z = 19.5
or

z = 20 vanes .,

For the slip factor, Eq. (36) was used:

1 + 0.6 sin Po

S =14+
0.5z(1 — 0.2835%)

Dy
5 = 5
7
® =153
5 = 0.452

1+ 0,6 sin 65°

S =1 +

(0.5)(20)[1 — (0.2835 x 0.452)]
S = 1.177
For the radial component of the exit veloeity, it was assumed that

Vg, = 140 ft/sec
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and the impeller tip speed was taken from Eq. (37):
Uy = row
Uy = (0.646)(479)
Up = 309 ft/sec .

Then, with the use of BEgs. (38) and (39) and Fig. 7, the exit velocity

was determined:

VR2

Va =Vuz = o5 >

2 2q1/2
vy = [VRz + (Uz — Vua) ]

2

140

U2 = VU2 = 55250

Up — Vyz = 65.3 ft/sec

vo = [(140)2 + (65.3)%]1/2
vy = 154 ft/sec

The fluid absolute velocity at the exit was then determined based on
Fig. 8, Egs. (40) through (43), and the following values:

Vg = Uz — (Up — Vi)
V2 = 309 — 65.3

Vys = 244 ft/sec 5



7 VUZ
Vyz = —
S
7 2t
Vo2 = 7177

V(s = 207 ft/sec

<
NN
it

[(vR2)? + (Véz)z]l/z

v; = [(140)2 + (207)2]2/2

V4 = 250 ft/sec

va = [(VR2)2 + (U — V{52)2]2/2

v§ = [(140)2 + (309 — 207)2]1/2

vé = 173 ft/sec s
Ve VR2
Y, = arcsin ;7-
2
’ . 140
72 = arcsin 536
yé = 34°

The head produced by the impeller was estimated with the use of
(57),

2 _/2
1T Vo ) s
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and the following values:

1
B = ——— [(250)2 — (168)2 + (309)% — (126)2 +
(2)(32.2)
+ (210)2 - (173)3 ,
H = 1990 ft (ideal rise) |,

Ny = 0.80 ,

since
N, =823
= noHI

H = (0.80)(1990)
H = 1590 ft (actual predicted head rise)

The impeller outlet static pressure head and pressure were obtained

using Egs. (59) and (61) and the related values:

4t 2 2 2 ’2
H, = %, (U2 — U% + v§ —v)°)

1
H = —— [(309)% = (126)% + (210)2 = (173)?]
2(32.2)

n, = 1460 £t (isentropic head) ,
k/ (k-1)
Ppg =P f——F + 1L

JT5 Cp éi
L
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1460 ft

Pos = 500 psi + 1
(778 £t-1b/Btu)(1010°R)(1.24 Btu/1by,  °R)

Doy = 501.85 psi

The impeller exit temperature was determined from the isentropic

pressure ratio [Eq. (62)]:

k-1)/%k
L2 = Ill

b1

1010(1.0037)0+40

=
)
il

Ty = 1011.5°R — AT = 1.5°F

The temperature rise was determined from the Gag Tables (18) and Eqs. (63)
and (64):

P
PR = —
p*

Pag Psg
Pro = p* PRr1 o1 s

Pr; = 58.85 at 1010°R from Gas Tables (18)

il

Pros = (58.85)(1.0037)

Poog = 59.07

1.76

Tg = 1000 + '_1—5—.—4-§-

(1.00) from Gas Tables (18) at pg, = 59.07

Tp = 1011.4°R — AT = 1,4°F
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The impeller exit density was obtained from £q. 65:

P2
P2 T oRT,

P2 = D1
and
Ty =Ty ,
hence
7o =27y =1 .,
Then

(501.85)(144)

i (386)(1011.4)

i

oo = 0.185 1b,/ft>

The vane heights at the inlet and the outlet were determined from
Eqs. (69) and (72). Since the density changes very little through the
impeller, the volume flow will alsc be constant. The flow area required
at inlet i1s the same as the inlet pipe area:

Ay = A = 28.89 in.?

and therefore

hy

Il

Ztl

sin B4
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If t1 = 1/8 in., then

28.89
hy =
(20)(0.125)
(3.14)(7) - ————
sin (53.1°)
hy = 1.53 in.
At the exit,
AQ
Rp = =
. VRa

(1.03)(2020 £t?/min)

Ap = 0.248 ft2 = 35,7 in.?2 ,

i (140 ft/sec)(60 sec/min)

If ty = 1/4 in., then

Ap
h2 - Ztg
2~ sin Bs
35,7
hy, =
(20)(0.25)
] (3.14)(15.5) = ——r
sin 65°

h2 = 0.83 in.

The velocity distribution along the driving face of the impeller

vanes was determined from Egs. (84) through (89):

202 D, AD
I - e R
qd = (u° + F— [l (p + 5% )

b

(k—l)/k] 1/2
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paz pal
Py, Pgy * A (I‘ - I’]_)
_ 501.85 ~ 500 ,
p, = 500 + TR (r — 3.5)

p = 498.48 + 0.435 ¢
18
P =5z
P =22.5p ,
P
T = -
W

(22.5 hp)(550 ft-1b/sec-hp)
T =

479/sec
T = 25.8 ft-1b

T s BT — By =

Kl a

_7.75 + 3.5
- 2

T

T = 5,625 in. = 0.469 Tt
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55.0
FeN T 20

FGN = 2.75 1b per blade ,

hp + Iy
A = —— (Tz -~ r1)
2

(0.83 + 1.53)
A = (7.75 — 3.5)

A =5,015 in.?

Op = 0.548 psi
g L 1/2
C, = (g ,kRT )
k = 1,67 ,
R = 386 ft-lbf/lbmf R ,
¢, = [(32.2)(1.67)(386)(1010)]1/2

C_ = 4580 ft/sec — C2 = 2.098 x 107

b =P + 5
o] 2gc

~ 5 2 (L) [ L
b = 500 + (0.5)(0.185)(163) <32_2> (144

p, = 500.53 psia



62

s | T?w?
u = —-—---——144L
, r2(229,440)
. P S — s
144
(2)(2.098 x 107)
Gy = 0.016 X 10° r® + v
(1.67 — 1)
- 731/ 2
W |1 498.48 + 0.435r + 0.274 (1'67 l)/l-6/
- 500.53
1/2
ay = {O.OOl6r2 + 62,6 [L — (0.9965 + 0.0008691r)o.4og} « 100
Tmax ~ T2

r = 7.7 ,
max

(0.9965 + 0.0008691r)%+491 = [0.995 + (0.0008691)(7.75)]0-401
0.401 logig 1.0032 = (0.401)(0.0013875) = 0.000556 |,
Antilog (0.000556) = 1.0013
Then

q, = 10°[(0.0016)(60.1) + 62.6 (1 — 1.0013)]1/2

9q = 122 fps

These calculations give a relative velocity along the driving face
of the exit vanes of 122 fps. Since the relative velocity is positive
at the exit, it must be positive at any radius. Therefore, secondary
vanes are not necessary in this impeller. The impeller layout is shown

in Fig. 20.
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Fig. 20. Example of an Impeller Layout.
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7. EXAMPLE OF A CASING DESIGN

In the previous section an impeller was designed for certain assumed
reguirements. A casing will now be designed to carry the fluid to and
from the impeller. Since a combination of constant-velocity volute and
conical diffuser are quite often used, it would seem logical to use such
g combination for an example of a design. There are, of course, several
other types of collector-diffuser combinations (vaneless diffuser and vo-
lute, ete.) which could perfectly well be used for such a compressor, but
only the volute-conical diffuser type will be discussed here. For the
other types of collector-diffuser combinatiocns, the goals are exactly the
same. The collector-diffuser should take flow from the impeller and ef-

ficiently change its direction and speed to that of the exit pipe.

Volute Design

The volute tongue diameter was determined from Eqg. (91):

Dy = 1.15 Dy
Dy = 15,5 1in.
Dy = (15.5)(1.15)
Dy = 17.8 in.

The average casing velocity was calculated with the use of Eq. (92):

_ /
V& = oV, ,

1

75 =34°

/

V5 = 250 ft/sec

b4

)

o = 0.52 from Fig. 12 at 75 = 34°
Vo= (0.52)(250)

Vv = 130 fps
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The volute outlet area parameters were determined from Eqs. (94)

through (98). The static pressure and temperature calculations follow:

1
H = 0.80 %Aéo +
v (

) k25o)2 —-(130){]}

H = 1735 ft
v

2)(32.2

- k/(k-1)
N

P, TP ~—-~—§; + 1
JT1C —
P g

1735 203
D = 500 b1
M [(778)(1010)(1.24) }

P, = 502.23 psia

k-1)/k
Pv( )/
T =Ty {—
v . P1
0, 40
502.23 .
= —— = A 0. 40
T, = 1010 (500 ) 1010(1.0045)

T = 1011.8°R .
v

The average density in the volute is
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and

; therefore

since P, = p; and TV =] Tl,

(502.23)(144)

o=

(386)(1011.8)

ko)
i

0.185 lbm/ft3

The volute flow at the volute outlet is

22,400

(0.185)(60)

1l

Qg

Qs = 2020 ft3/min

The volute outlet area is

Qs

A4=v—
v

2020 £t /min f1
Ay = — min/sec

130 ft/sec 60

Ay, = 0.259 ft2

or

A, = 37.3 in.?

The cross-sectional area required at various angles in the volute is, from

Eq. (99),
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_ A
Ay = A4 5

If the cross section of the volute is circular at any angle, then

1/2
» %A\
o=\

4A¢ﬁ 1/2
D = ] ee—
° (m(%o))

D, = 0.364 () ,

where PA is the diameter of the cross section at angle A. The volute
tongue angle is
- /
9_\/_—72

6_ = 34°
A\

Diffuser Design

The diffuser angle, 6, was taken as 8° and the inlet area
Ay = 37.3 in.? .,

The exit from the diffuser was assumed to be an 8-in., sched.-40 (7.981-

in.~ID) pipe, with an outlet area

(7.981)°

by = 2182

4

As = 50.0 in.?
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The diffuser length was calculated from Eq. (100):

B Ds — D,
LD 2 tan 22
B 7.981 — 6.92
LD 2 tan %i

LD = 7.59 in.

The results of the volute design are summarized in Table 1, and Fig.
21 gives a layout of the casing as an example of the design. The pre-
dicted head-flow characteristics for the design are given in Figs. 22 and

23 and in Table 2.

Table 1. Volute Design Data

Angle Measured Diameter of Cross-Sectional
from Tongue Cross Section Area
(degrees) (in.) (in.?)
0 0 0
30 1.99 3.1
60 2.82 6.3
20 3.46 9.4
120 3.99 12.5
150 4, 46 15.6
180 4.88 18.7
2190 5.28 21.90
240 5.64 25.0
270 5.97 28.0
300 6.30 31.2
330 6.62 34.4
360 6.92 37.3




Table 2. Head Losses for Volute Design

Tiow Input Head Loss of Friction Additional Loss ZEntrance Output Head
Coefficient Coefficient Conversion Toss in Volute Loss Coefficient
0.1 0.65 0.02 0.00098 0.09% 0.00Ce 0.524
C.2 0.62 0.02 0.C039 0.054 0.016 0.526
C.2 C.59 0.02 0.0088 .019 0.021 0.521
GC.4 C.56 0.02 0.0156 0.002 0.013 C.508
0.453% 0. 54 0.02 0.020 0 0 0.50
0.5 C.52 0.02 0.024 0.002 -0.007 0.481
0.6 0.49 0.02 0.035 0.012 -0.0188 0.435
0.7 0.46 0.02 £.048 0.054 -0.043 0.381
0.8 0.43 C.02 C.062 0.099 -0.079 0.328

a . .
Design flow coefficient.
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8. SUMMARY

Procedures have been given for the aerodynamic-thermodynamic design
of centrifugal compressors. A complete example of a design has also been
given that illustrates use of the equations. Each design will, no doubt,
bring up problems that are unique. It is in this area that the designer
must learn to alter certain steps in the design procedures. The designer
must, of course, also decide, before a design is started, what is to be
the most important factor in his design philosophy; that is, he must se-~

lect Trom factors such as economy of operation, low initial capital out-

assembly.

Most of the important equations have been developed from the basic
laws of fluid flow and thermodynamics. All assumptions and approximations
have been listed in the derivations so that the equations will be appli-
cable in other situations. The compressibility factor used in conjunction
with the ideal gas equation is probably the most accurate method presently
known for relating properties of a gas. Although some of the steps in
the design procedure may seem to be unnecessary, they are included in order
for the procedures to be general.

The most obvious application of this work can be made by the compres-
sor designer. An application that is perhaps not so obvious can be made
by the development engineer. He must write specifications and evaluate
proposals for centrifugal compressors. It is in this area that the design

procedures given should be of particular usefulness.
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